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ABSTRACT 

Refrigerated trucks for both chilled and frozen products; pharmaceutical and perishable 

foods, are conventionally fitted with a vapour compression refrigeration system that is 

powered by either the vehicle main engine or an auxiliary diesel engine on board. This 

process increases the fuel consumption rate, greenhouse gas emissions especially during 

idling, reduced engine performance and efficiency, and increased noise pollutions among 

others. Hence, attentions have shifted to using available waste heat to drive heat driven 

refrigeration systems. 

Vapour absorption refrigeration system (VARS) is one heat driven technology that has been 

in existence for decades. It has been mainly used in commercial building and recently has 

been looked at for automotive applications. Researches have been conducted to couple the 

vehicle engine exhaust heat with VARS for refrigerated trucks or car air-conditioning 

purposes. This process has its demerits of the unavailability of enough heat during idling 

times, noise and increased emissions. This thesis looked at the feasibility of using 

environmental friendly high temperature fuel cell (solid oxide fuel cell) auxiliary power 

system that generates electricity and heat. The electricity can be used for auxiliary load or 

on board appliances while the heat generated is harnessed to drive the VARS. 

There is temperature mismatch between the SOFC exhaust heat (600-900oC) and that 

required at the desorber of the VARS (120-240oC). Therefore, an internally finned tube-in-

shell heat exchanger and heat transfer fluid (thermal oil) were employed to couple these two 

different units (fuel cell exhaust heat and VARS).  
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A detailed component and system level modelling of the VARS is carried out and the 

influence of design and the various operating conditions was investigated. A brassboard was 

used to experimentally investigate the feasibility of the technology. Experimental results 

from the test bench are used to validate the modelling results and prove the practical 

feasibility of the technology. Results showed that 1.84 kW of heat was recovered from a 

simulated SOFC stack of 5 kWe, at cathode exhaust flow rate of 0.03019 kg/s. The recovered 

amount of heat is able to cater to a 1 kW refrigeration load for a small refrigerated truck. It 

was also shown that a 1.84 kW of heat would still be recovered to meet the same 1 kW 

refrigeration load employing a 1 kWe SOFC at lower exhaust flow rates. Employing a 1 kW 

SOFC will increase the heat exchanger effectiveness and overall heat transfer coefficient by 

between 81.1 to 85 %, and 39.22 to 59.5 % respectively. 

It was also shown that an evaporator temperature of 4oC was achieved when the recovered 

simulated SOFC exhaust heat was integrated experimentally with the VARS. This was due 

to loss of heat at the desorber of the VARS where only a maximum of 0.5 kW (out of 1.84 

kW) of heat was transferred from the coupling fluid (thermal oil) to the ammonia-water 

solution. This results in less ammonia desorption from the solution thereby causing reduced 

cooling at the evaporator. 

There has been no study reported in the public domain as regards experimental work of a 

small VARS refrigerated truck, hence the work reported here is a novelty in this regard. 

Another scientific contribution/novelty of this research is the experimental integration of 

fuel cell exhaust heat as energy source to drive VARS for refrigerated transport application 

which has never been done  
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1 Chapter 1 

INTRODUCTION 

There is a steady increase in the world population as the day goes by, which invariably is causing 

an increase in the overall energy demand including the energy consumed by the food sector. This 

increase comes with higher global warming issues arising from the methods of energy supply. 

There will be a 45% increase in world energy demand by 2030 as predicted by Beddington [1]. 

The UK agricultural sector, manufacturing, distribution, retail, and consumption accounts for 

about 18% of UK total energy use, and 115 metric tonnes (Mt) of CO2 emissions [2] . In the food 

chain, transportation plays a crucial role in the movement of foods. A study carried out by Mei el 

al. [3] showed that the transportation sector (automobiles and trucks) accounts for a substantial 

part of Western energy consumption. These automobiles and trucks use internal combustion 

engines and incur about 80% of the total energy expenditure in the transportation sector [4].  

Due to the high deterioration rate of food such as vegetables, meat, fruits and milk etc. when 

exposed to ambient temperature, they are transported in refrigerated trucks with controlled 

temperature, and thereby delivered in good condition and quality. Refrigerated trucks use vapour 

compression (VC) refrigeration systems on board that are powered by electricity generated mostly 

by the main vehicle engine, or by an auxiliary diesel engine on board. This process increases fuel 

consumption rate of the vehicle and thus CO2 emissions. More so, the refrigerants used in the 

conventional VC systems have a high global warming potential and deplete the ozone layer in 

cases of leakage. Hence, in the past few decades, attention has been shifting towards using 
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alternative, environmentally friendly means of refrigeration on trucks. One of such methods, 

amongst others, is the use of heat driven vapour absorption refrigeration system (VARS). The heat 

source normally comes from excess or waste heat. For instance, vehicle engine exhaust heat could 

be used as an energy source for a VARS on refrigerated trucks.  

Using the fuel cell cathode exhaust heat as the energy source to drive a VARS on a refrigerated 

truck has the potential to be one of the environmentally friendly ways which can phase out the use 

of conventional VC systems on trucks. Venkataraman et al. [5] carried out a system modelling of 

a fuel cell exhaust driven VARS for truck refrigeration application and concluded that it is feasible.  

This PhD is to continue in that path and carry out components and system level modelling and 

experimental validation of the potential of a solid oxide fuel cell to drive a VARS refrigeration 

system. 

1.1 Fuel cells 

A fuel cell is a device that electrochemically converts chemical energy stored in the fuel into 

electricity and heat without a combustion process. The heat generated by the reaction is carried 

out of the cell by the excess reactants and products, or through a cooling system. This heat can 

then be harnessed to drive a VARS. There are different types of fuel cells such as the Polymer 

Electrolyte Fuel Cell (PEFC), Alkaline Fuel Cell (AFC), Phosphoric Acid Fuel Cell (PAFC), Solid 

oxide Fuel Cell (SOFC), and Molten Carbonate Fuel Cell (MCFC). The PEFC and SOFC types 

have been the major beneficiaries of research and development, by today firmly establishing their 

technology. The PEFC is categorised as a low temperature type with a conventional operating 

temperature between 60 to 90oC except for high temperature (HT)-PEFCs which operate up to 
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200oC. On the other hand, the SOFC is a high temperature type with operating temperatures of 600 

to 900oC. Table 1.1 shows the comparison between the two technologies. 

 

Table 1.1 Characteristic comparison of SOFC and PEFC technologies 

Parameter PEFC SOFC 

Operating temperature range 60 to 90oC 600 to 900oC 

Automobile drivetrain suitability YES YES 

Auxiliary Power Unit suitability YES YES 

Fuel flexibility No, only hydrogen (H2) YES, H2, CH4, CO, etc 

Quality of waste heat Poor, except for the HT-PEFC Excellent 

Suitability for VARS integration Poor Excellent 

Start-up time Quick Extended 

 

From Table 1.1, it can be seen that the benefit of using an SOFC with heat driven technology 

outweighs the advantages with a PEFC. This is because, the temperature of waste heat from a 

PEFC is too low, so if harnessed would not be efficient for the application with a VARS. PEFC 

possess quick start up times and are best suited for automobile drivetrain applications. On the other 

hand, the temperature of SOFC waste heat is high enough in that even with losses during heat 

recovery there is potential to drive heat driven technologies. SOFCs possess fuel flexibility (ability 

to utilize different types of fuel) due to the high temperature operation and can achieve an overall 

efficiency of over 85% if both the electricity and heat produced are utilised: in this way, they are 

operated in combined heat and power mode.  
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Amongst all heat driven cooling technologies, vapour absorption refrigeration systems (VARS) 

have been the most used technology because this is a well-established technology and has been 

used for decades. VARS is a cooling system that can be powered by heat from solar, geothermal 

and other sources, including waste or residual heat from process plants in order to cause a cooling 

or refrigeration effect. The temperature used for driving a VARS is in the range of 120 to 240 0C, 

depending on the application. The heat when applied at the desorber of the VARS separates a 

refrigerant-absorbent solution.  The separated refrigerant vapour flows into the condenser, cooling 

down into liquid after rejecting heat to the surrounding. The liquid refrigerant passes through an 

expansion valve which further cools it down and reduce the pressure before entering the evaporator 

where it causes the cooling/refrigeration effect and turns to vapour. The refrigerant vapour leaves 

the evaporator and flows back into the absorber of the VARS where it mixes with the absorbent 

returning from the desorber, thereby forming the refrigerant-absorbent solution. The formed 

solution is then pumped into the desorber from the absorber by a pump for pressure increase and 

for repeat of the cycle. In comparison with the conventional electrical driven vapour compression 

cooling system (VCS), the desorber and the absorber of the VARS replace the compressor of the 

VCS. The only moving part is the pump and its electricity consumption is insignificant compared 

to the compressor of a VCS. Adjibade et al. [6] showed experimentally by using a vehicle engine 

exhaust as the energy source to drive a VARS, that the minimum temperature required at the 

desorber of the VARS was 140oC. Therefore, an SOFC is a good choice to be used due to the high 

operating temperature resulting in higher exhaust heat that can be utilised if captured, hence the 

use of SOFC as heat source for this study. 
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1.2  Thesis objective and scope 

The main objective of this research is to experimentally couple SOFC fuel cell and vapour 

absorption refrigeration system for a refrigerated truck application. Hence the scope will be 

looking at the following: 

i. Identification of the type of heat driven VARS to be used. 

ii. System level modelling and simulation of the VARS and its components. 

iii. Experimental integration of VARS and fuel cell exhaust using a breadboard test rig. 

iv. Validation of modelling results based on the experimental data obtained. 

This research focuses mainly on the technical feasibility of using SOFC exhaust heat to 

successfully drive the VARS on board of a truck for refrigeration purposes. The experimental data 

obtained will be used to validate the modelling and simulation work carried out, and to make 

recommendations for components and system choice. 

1.3  Structure of the thesis  

This PhD thesis is organised as follows: 

Chapter 2 gives a critical and thorough literature review ranging across heat driven refrigeration 

technologies, vapour absorption systems, working pairs of vapour absorption systems, engine 

exhaust heat driven vapour absorption systems, fuel cell exhaust heat driven vapour absorption 

systems, and operation mode of fuel cell system (heat following and electric following). 
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Chapter 3 gives an overview of the experimental test rig used for the study. It gives a brief 

description of all the components on the test rig and their functions. It outlines the experimental 

tests carried out and the procedures followed in the study. This gives a clear understanding of all 

single components’ operation before finally integrating all the stages together. More so, the 

variables and measured parameters are highlighted.  

Chapter 4 looks into the modelling of the VARS components starting with the double pipe heat 

exchanger, rectifier, and absorber with their parametric analysis. 

Chapter 5 presents a detailed system level modelling of a single effect vapour absorption 

refrigeration system considered for the application. Different operating scenarios of the system are 

looked into here with various methods to improve the coefficient of performance of the 

refrigeration system. 

Chapter 6 provides the details of experimental procedures and the results obtained at each step. It 

starts with the simulated fuel cell cathode exhaust heat recovery, integration of desorber and 

rectifier, integration of condenser and evaporator. The complete integrated system performance 

study is carried out here with different operating conditions to map out a possible operating band. 

Chapter 7 discusses the validation of the models by using the obtained experimental data and then 

shows the improvements made to the models to fit/match the experimental data. 

Chapter 8 gives an overview of the work done in the previous chapters with a summary of 

addressed issues, challenges faced during the experimental work and possible future work
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2 Chapter 2 

LITERATURE REVIEW 

Perishable food items, such as; milk, vegetables, fruits and meat, among others, are transported by 

refrigerated trucks that keep their temperature at the desired level, and thereby delivering them in 

good condition and quality. Conventionally, these refrigerated trucks have a vapour compression 

refrigeration system on board driven by electricity generated by either the main vehicle engine or 

an auxiliary engine on-board [4]. The engines are fuelled by diesel, which is used to power the 

truck powertrain, which results in an increased fuel consumption and CO2 emissions. The situation 

is worse when no auxiliary engine is installed; as when the vehicle is stationary, the main engine 

will have to stay in operation at a partial load to keep the goods refrigerated resulting in very low 

engine efficiency. The UK food chain (agricultural production, manufacturing, distribution, retail 

and consumption) alone accounts for about 176 Mt of CO2 emissions annually [7]. Moreover, the 

conventional vapour compression systems use refrigerants that have high global warming 

potentials (GWP) in case of leakages; for example R134a has a GWP of 1300 as against that 

required by European laws of less than 150,  while R404A has 4000 times the GWP of CO2  [8]. It 

is estimated that 10% of the refrigerants used on trucks leak annually with Adekomaya et al. [9] 

reporting up to 21% annual loss for R404A. There are over four million refrigerated road vehicles 

worldwide [10] of which 30% each are trailers and large trucks while 40% are small trucks and 

vans. The UK has 172, 000 refrigerated trucks in operation, while in the US approximately  300, 
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000 auxiliary power unit (APU) fitted refrigerated trucks exist [11].   Refrigerated trucks are noisy 

due to the many moving parts in the diesel engine and the compressor itself. Hence, there are laws 

in some cities that restrict them from operation in the night  and impose limited operational hours 

in the day due to increased  emissions during idling [12].  On the other hand, there are no specific 

laws put in place as regards the use of on-board APUs but, these are also diesel engines and are 

noisy with even higher pollution issues as their emissions are not regulated.  

 In order to address some of the issues associated with conventional refrigerated trucks, researchers 

have been studying the possibility of employing thermally driven refrigeration/air conditioning 

systems on-board, by utilizing waste heat from the vehicle exhaust as the energy source. Using 

thermally driven refrigeration systems would reduce the electrical load on vehicle engine and 

enhance fuel economy. One of the thermally driven refrigeration systems that have attracted much 

attention for use on board of vehicles is the vapour absorption refrigeration system (VARS).  

2.1 Thermally activated cooling technology 

Thermally activated cooling systems are those that are driven by heat rather than electricity as in 

the conventional vapour compression systems. The most common heat driven cooling systems are 

absorption and adsorption systems. The absorption process is one in which a substance 

(refrigerant) in one phase (gas) is incorporated or absorbed into another substance (absorbent) of 

a different phase (liquid) [13]. On the other hand, adsorption is one in which a solid is used to hold 

ions and molecules of another substance to its surface. Therefore, an adsorption process, simply 

put, is the separation of a substance in one phase followed by its accumulation or concentration on 

the surface of another substance. Besides the absorption and adsorption cooling technologies, there 
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are also the desiccant and ejector systems which are not as established as the absorption systems. 

The coefficient of performance of absorption, adsorption and ejector refrigeration systems is 0.4 

to 1.2, 0.4 to 0.7, and 0.1 to 0.3, respectively. More so, ejector and adsorption refrigeration systems 

are applied in cases where the desired refrigeration temperature is above 0oC, while absorption 

systems can be used for applications that requires temperatures below 0oC. Furthermore, 

adsorption systems require large adsorbent beds that are far more expensive than the components 

of absorption systems. Based on the aforementioned reasons, vapour absorption refrigeration 

systems would be most suitable for truck refrigeration. 

2.2  Vapour absorption refrigeration systems 

As explained in the previous section, absorption systems use working pairs of two different phases 

(liquid and gas mixture) that are otherwise called refrigerant and absorbent. In VARS, there are 

four main components called the absorber, desorber, condenser and evaporator. The design of a 

VARS also depends on the working pair used which has a direct effect on number of components 

and complexity of the system. A VARS is one in which heat is supplied at the desorber where the 

solution is heated and the refrigerant evaporates flowing into the condenser cooling down to liquid 

releasing heat to the surroundings. The liquid refrigerant passes through an expansion valve, 

thereby reducing pressure before being heated at the evaporator causing a cooling effect. The 

evaporated refrigerant then flows back into the absorber forming a strong solution which is 

pumped back to the desorber for repeat of the cycle. Absorption systems are divided into single, 

double, and triple effect systems depending on the number of times the heat is utilized within the 

system, 
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2.3  Working fluids of vapour absorption refrigeration systems 

The type of working pair (refrigerant and absorbent) defines the design, performance and selection 

of materials for the VARS, hence attention is given to the thermodynamic properties of the working 

fluids. The choice of the working pairs in some cases depends on the application, especially if the 

intent were for air-conditioning or refrigeration. It is extremely important to choose working pairs 

that are non-explosive, non-toxic and chemically stable in the solution stage (mixture). In addition 

they must exhibit the following  characteristics [14] 

 The working pair should be environmental friendly and low cost. 

 Viscosity, thermal conductivity and diffusion coefficients being the transport properties 

should be favourable. 

 The refrigerant must have high heat vaporization and concentration  

 The difference between the boiling point of the pure refrigerant and mixture should be as 

high as possible. 

There are different types of working pairs based on the refrigerant employed, hence the following 

sections give details of pairs as regards the major refrigerants used in absorption cycles. 

2.3.1 Ammonia (NH3) refrigerant based working pairs 

Ammonia is one of the most used refrigerants in VARS along with water as the absorbent due to 

the stability of the mixture at wide range of operating temperatures and pressures, high latent heat 

evaporation, low cost, low GWP, and low ozone depleting potential (ODP) [15]–[18]. Ammonia 

(NH3) has high latent heat of vaporization with freezing and boiling points of -77 and -33oC, 



Chapter 2 

 
 

2-5 
 

respectively.  It can easily be used in combination with other absorbents apart from water. Kaushik 

and Kuma [19] carried out a thermodynamics analysis of a single and double absorption 

refrigeration system employing two different working pairs NH3-H2O and NH3-LiNO3. Results 

showed that there was a 10% improvement in the coefficient of performance (COP) for both 

systems using NH3-LiNO3 working pair when compared to NH3-H2O  [20]. It was found that the 

higher COP occurred at higher generator temperatures.  The maximum COP was achieved at 

generator and evaporator temperatures of 120 and -20oC, respectively. Another advantage of using 

NH3-LiNO3 was the elimination of rectifier (see Fig. 2.1) as compare to the working pair of NH3-

H2O (see Fig. 2.2) for separation of water vapour from ammonia vapour. Sun [21] investigated the 

thermodynamic performance of VARS using ammonia-water (NH3-H2O), ammonia-Lithium 

nitrate (NH3-LiNO3), and ammonia-sodium thiocyanate (NH3-NaSCN) working pairs. It was 

found that the system performed much better using NH3-NaSCN, followed by NH3-LiNO3 when 

compared to NH3-H2O working pair. It was also shown that NH3-LiNO3 can be utilized for 

generator temperature as low as 80oC. 

Mclinden et al. [22] in their study compared the COP of a vapour absorption heat pump using 

NH3-H2O and NH3-H2O-LiBr as the working pairs. The authors gathered that the system’s COP 

was better with 0.05 higher with NH3-H2O than the NH3-H2O-LiBr. Steiu et al. [23] introduced 

NAOH into NH3-H2O working pair and showed that there was not only improvement in ammonia 

separation at the desorber, but reduces both chiller driving temperature and rectification losses. 

They gathered through cycle simulation with experimental data that there was 20% COP increase 

as compared to the conventional NH3-H2O alone pair under the same operating conditions using 

hydroxyl separation of 99% for NAOH. 
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2.3.2 Water refrigerant based working pairs  

In systems where water is used as the refrigerant, LiBr had been the absorbent. Water has high 

heat of evaporation. One of the advantages of using this working pair (H2O-LiBr) is the high 

boiling point temperature difference between H2O and LiBr.  Berestneff [24] carried out 

comparative performance analysis of a VARS using NH3-H2O and H2O-LiBr solutions as working 

pairs. Results showed that H2O-LiBr had lower pressure and higher efficiency, with H2O-LiI 

having similar performance as H2O-LiBr [25], [26]. 

Best [27] investigated the performance of a single and double effect absorption heat transformers 

using H2O-carrol mixture(lithium bromide and ethylene glycol).  Lee et al. [28]  investigated the 

possibility of using alternate working pairs as opposed to H2O-LiBr solution only. They gathered 

that all the proposed working pairs LiBr + H2N (CH2)2OH + H2O, LiBr + HO(CH2)3OH + H2O, 

and LiBr + (HOCH2CH2)2NH + H2O were fairly safe for use in the system within the chosen 

operating range and conditions. Rosa et al. [29] carried out a modelling study on single and double 

effect vapour absorption heat pumps using H2O + CaCl2 and H2O + LiCl as the working pairs with 

result showing that H2O + LiCl had better performance. Antonio et al. [30]–[32] compared the 

performance of VARS using H2O + CHO2Na + LiBr,  H2O + LiBr, and  H2O + LiBr + CHO2K as 

working pairs. Results showed H2O + LiBr + CHO2K and H2O + CHO2Na had higher 

performance than the conventional H2O-LiBr solution based on mass transfer characteristics of 

water vapour absorption into LiBr and the organic salts. More so, it is less corrosive with lower 

density and viscosity than H2O-LiBr. 

The addition of salts into LiBr has been shown to minimize the risk of crystallization. One of such 

combinations is H2O + LiBr + LiI + LiNO3 + LiCl with 35oC crystallization temperature lower 
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than the conventional H2O + LiBr  [33]. Its density, solubility and heat capacity were determined 

with the aid of empirical polynomial equations and experimentally tested using a water cooled 

vertical smooth tube with further simulations in sea water purification system using absorption 

transformers and double effect series flow chillers with no crystallization experienced [34]–[36] 

Alkitrate is another working pair that is made up of alkali-metal nitrate salts and water and has 

been proven to having a higher output temperature of about 260oC in the absorption transformer 

without losing its COP as against  the H2O-LiBr solution but with limitations of the combination 

at low temperatures [37]–[39]. The LiBr absorbent in the H2O-LiBr solution was combined with 

NaOH, KOH, CsOH and experimentally tested using a 45 kW absorption heat pump and was able 

to achieve a COP 2.1 [40], [41]. The measurement and correlations of the vapour pressure, heat 

capacity and density of H2O-EMISE had shown that it is another alternative pair to H2O-LiBr [42]. 

Saravanan and Maiya [43] carried out a simulation study on  couple of working pair combinations 

(four binary mixtures (H2O + LiBr, H2O + NaOH, H2O + LiCl), five ternary mixtures 

H2O + LiBr + LiI, H2O + LiCl + LiNO3, H2O + LiBr + ZnBr2, H2O + LiBr + LiSCN and seven 

quaternary mixtures H2O + LiBr + LiCl + ZnCl2, H2O + LiBr + ZnCl2 + CaBr2, 

H2O + LiBr + ZnBr2 + LiCl, H2O + LiBr + LiI + C2H6O2, H2O + NaOH + KOH + CsOH, 

H2O + LiNO3 + KNO3 + NaNO3, H2O + LiCl + CaCl2 + Zn(NO3)2 ). It was found that the pair of 

H2O + LiBr + LiCl + ZnCl2 had higher COP and efficiency ratio while H2O + LiCl had better cut-

off temperature and circulation ratio. Gogoi and Konwar [44] also carried out a comparative study 

between H2O + LiCl and H2O + LiBr and found that H2O + LiCl performance was better. 
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2.3.3 Alcohol based working fluids 

Alcohol based working fluids have high thermal stability. Yin et al. [45] compared the 

performance of H2O-LiBr, TFE(2,2,2-trifluoroethanol)/NMP(N-methy1-2-pyrrolidone), 

TFE/E181(dimethyl-ether tetra-ethylene glycol) and TFE/PYR(2-pyrrolidone) in an absorption 

heat transformer. Results showed that H2O-LiBr had better performance but at temperatures below 

150oC while TFE/NMP, TFE/E181 and TFE/PYR were better at higher temperatures of up to 

200oC.  Simulation studies carried out by some researchers [46]–[49] had proven that 

trifluoroethanol (TFE)-tetraethylene glycol dimethyl ether (TEGDME) pair is a better choice than 

H2O- LiBr and NH3-H2O in absorption refrigeration. This is because it is thermally stable up to 

250oC, non-corrosive, completely miscible over wide range of temperature and has low working 

pressures. Results showed that there was an increase of COP by 15% with TFE-TEGDME pair 

compared to NH3-H2O. 

2.3.4 Halogenated hydrocarbon based working fluids 

The conventional working pairs of ammonia-water and water-Lithium Bromide solutions have 

their own disadvantages amongst which are corrosive nature to copper, toxicity, therefore 

fluorocarbon refrigerants and organic absorbents have been studied as possible replacement. The 

performance of R21, R22, R30, R31, R133a, R124a, R134a were studied in an absorption 

refrigeration cycle and findings showed that R21 had higher COP but was more corrosive to copper 

[14].  Borde et al. [50], [51] studied the performance of R134a as the refrigerant and DMETEG, 

MCL, and DMEU as absorbents with results showing that they all have similar COP but 

R134a + DEMTEG having lowest cycle ratio. Borde et al [52], [53] further studied the 
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performance of refrigerants R124 and R125 when used with the absorbents DMAC, NMP, MCL, 

DMEU and DMETEG. It was gathered that for R124, the pair R124 + DMAC showed better 

performance while for R125, the pair R125 + DMEU was better.
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Table 2.1 Comparative analysis of different working fluid pairs adapted from [9]. 

Working pair Absorption cycle Remark 

NH3 + H2O + LiBr Absorption 

refrigeration/chiller 

Lower water content of vapor entering the rectifier; higher COP than ammonia-

water pair 

NH3 + LiNO3 Absorption 

refrigeration/chiller 

Lower generation temperature than ammonia-water pair 

NH3 + H2O + NaOH Absorption 

refrigeration/chiller 

Higher COP, reduced driving temperature, higher ammonia separation 

H2O + LiBr + (CH2OH)2 Absorption heat 

transformer 

Higher solubility of about 80%, same thermal properties as LiBr + H2O 

LiBr + H2N(CH2)2OH + H2O Absorption 

refrigeration/chiller 

Higher viscosity, corrosion but reduced risk of crystallization than LiBr + H2O 

LiBr + HO(CH2)3OH + H2O Absorption 

refrigeration/chiller 

Higher viscosity, corrosion but reduced risk of crystallization than LiBr + H2O 
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LiBr + (HOCH2CH2)2NH + H2O Absorption 

refrigeration/chiller 

Higher viscosity, corrosion but reduced risk of crystallization than LiBr + H2O, 

less heat and mass transfer coefficients 

H2O + KNO3 Absorption heat 

transformer 

Increased heat and mass transfer than H2O + NH3, Low corrosive 

H2O + CaCl2 Absorption heat 

transformer 

High COP than H2O + LiCl; readily available and environmental friendly; less 

corrosive than LiBr + H2O 

H2O + LiBr + CH3COOK 

H2O + LiBr + CH3CH(OH)COONa 

Absorption heat pump Readily available and environmentally friendly, suitable for moderate 

temperature applications than LiBr + H2O 

H2O + CHO2Na + LiBr 

H2O + CHO2K + LiBr 

Absorption 

chiller/refrigeration 

Good thermodynamic properties, low toxicity and non-flammability 

H2O + LiBr + LiI + LiNO3 + LiCl Absorption 

chiller/refrigeration 

Higher COP, lower generation temperature, less crossivity than LiBr + H2O 

Alkitrate Absorption heat 

transformer 

Output temperature of 260 °C without losing the COP compared with 

H2O + LiBr; limited in low temperatures 
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NaOH + KOH + H2O Absorption heat pump Significant wider solution field, higher temperature lift, better COP than 

LiBr + H2O 

NaOH + KOH + CsOH + H2O Absorption heat 

transformer 

Higher temperature lifts and a smaller risk of crystallization; high viscosity and 

corrosion 

H2O + LiBr + LiNO3 Absorption heat pump An alternative to the conventional LiBr + H2O with higher COP and less 

corrosive. 

H2O + LiBr + HO(CH2)3OH Absorption heat pump, 

Absorption 

chiller/refrigeration 

Higher COP with lower flow rate than LiBr + H2O; air-cooled; anti-

crystallization enhanced by HO(CH2)3OH. 

H2O + LiBr + LiI + HO(CH2)3OH Absorption 

chiller/refrigeration 

Better heat and mass transfer coefficient than LiBr + H2O; air-cooled. 

H2O + LiBr, H2O + NaOH, H2O + LiCl, 

H2O + LiBr + LiI, H2O + LiCl + LiNO3, 

H2O + LiBr + ZnBr2, 

H2O + LiBr + LiSCN, 

Absorption 

chiller/refrigeration 

For improved COP and flow rate. 
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H2O + LiBr + LiCl + ZnCl2, 

H2O + LiBr + ZnCl2 + CaBr2, 

H2O + LiBr + ZnBr2 + LiCl, 

H2O + LiBr + LiI + C2H6O2, 

H2O + NaOH + KOH + CsOH, 

H2O + LiNO3 + KNO3 + NaNO3, 

H2O + LiCl + CaCl2 + Zn(NO3)2 

TFE + NMP Absorption heat 

transformer 

Working temperature range, lower working pressure and good safety level 

TFE + E181  Temperature lift over 30 °C without losing COP 

TFE + TEGDME Absorption heat pump Lower driving temperature, higher COP than NH3 + H2O 

R134a + DMETEG, R134a + MCL, 

R134a + DMEU 

 No rectification; non-toxic and non-corrosive 



Chapter 2 

 
 

2-14 
 

R125 + NMP, R125 + DMAC, 

R125 + MCL, R125 + DMPU and 

R125 + DMETEG 

TPL Low-potential heat-sources (70–120) for cooling and refrigeration; not toxic or 

corrosive; environmentally 

acceptable; no rectification 

R124 + DMAC, R124 + NMP, 

R124 + MCL, R124 + DMEU, 

R124 + DMETEG 

Absorption 

chiller/refrigeration 

Lower COP values than R22 series, higher COP than R134a series. The working 

fluids based on R124 had lower f values; driven by low potential heat sources 

for sub-zero temperatures 

R134a + DMAC Absorption 

chiller/refrigeration 

Effectively increased COP than NH3-H2O with a half effect cycle 

Acetone + ZnBr2 Absorption heat pump Generating temperature of 50 °C 

H2O + monomethyl-amine Absorption heat pump Similar properties as NH3 with lower vapour pressure 
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As seen from Table 2.1 and the reviewed literature it can be deduced that the most used working 

pairs are the ammonia-water and water-Lithium bromide solutions. This is because their 

application in absorption cycles have been established for long due to dedicated research and 

development. Hence, they have been used as the basis for further cycle improvement against 

other refrigerants by adding additives. Due to the freezing point of water when used as 

refrigerant in absorption systems, it is deployed in areas of chilled foods and air-conditioning 

whose refrigeration temperature is not less than 1oC. While NH3 based working pairs can be 

employed for refrigeration applications of down to -20oC.  

2.4  Vapour absorption refrigeration systems using Lithium bromide-water  

In a VARS where water-Lithium bromide is used as the working pair, water is the refrigerant 

and Lithium-bromide is the absorbent. The H2O-LiBr pair is mostly used in applications of 

chilled food and air-conditioning where the desired refrigeration temperature is above 0oC. 

This is because the freezing point of water is zero hence if used for frozen food (refrigeration 

temperature below zero) will solidify and damage the absorption chiller and there will be no 

cooling effect. Figure 2.1 shows a schematic of a single effect H2O-LiBr VARS.  
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Figure 2.1 Schematic of a single effect H2O-LiBr VARS. 

 

The H2O-LiBr is pumped into the desorber with the aid of a pump where heat is added, and 

water evaporates. The evaporated water vapour flows into the condenser and cools down to 

liquid rejecting heat to the surrounding in the process. It then flows into the evaporator through 

an expansion valve that helps in reducing the pressure. In the evaporator it absorbs heat from 

the refrigerated space and evaporates turning into vapour and flows back into the absorber. The 

water vapour from the evaporator mixes with the strong solution that returned from the 

desorber rejecting heat to the surrounding and the mixture is pumped back into the dersorber 

for repeat of the cycle. 

H2O-LiBr VARS is a well-established technology that is commercially available in the market 

through the following suppliers: Broad, Carrier, Ebara, Entropie, Hitachi, Kawasaki, LG, 
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McQuay, Sanyo, Shuangliang, Thermax, Trane, Rotartica, Yazaki, and York [13], [54]–[61]. 

The operating temperature of the heat source for single, double and triple effect H2O-LiBr 

VARS is between 80-120oC, 120-170oC, and 200-230oC, respectively [62], [63]. 

2.5  Vapour absorption refrigeration systems based on ammonia- water 

Ammonia-water VARS is one in which ammonia act as the refrigerant and water the absorbent. 

It is one technology that has benefited from many decades of research and development with 

the first U.S patent in 1860 by Ferdinand Carie for commercialization making it the oldest heat 

driven technology [13]. The working principle is the same as that for water-Lithium bromide 

VARS except for the inclusion of a rectifier for purification of ammonia vapour at the exit of 

the desorber. In this case, ammonia from the strong NH3-H2O solution in the desorber when 

heated by the external source evaporates. Due to the volatility of both water and ammonia, 

some water vapour accompanies the ammonia vapour exiting the desorber which is then 

separated at the rectifier and returns to the absorber with little amount of NH3 (weak solution) 

as illustrated in Fig 2.2. The pure ammonia vapour exiting the rectifier condenses in the 

condenser rejecting heat and flows through expansion valve where its pressure is reduced 

before entering the evaporator. The liquid ammonia evaporates after receiving heat from the 

refrigerated space and flows back into the absorber where it mixes with the weak solution 

coming from the desorber to form a strong solution, rejecting heat in the process. The strong 

solution is them pumped back into the desorber for repeat of the cycle. Because the desorption 

process in the desorber takes place at high pressure and temperature, the weak solution leaves 

the rectifier at high temperature and pressure. Therefore, a solution heat exchanger is placed 

between the desorber and the absorber through which the returning weak solution from the 

desorber and the strong solution from the absorber pass. In this process heat is transferred from 
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the weak solution to the strong solution. The weak solution at the exit of the solution heat 

exchanger passes through an expansion valve that reduces its pressure before entering the 

absorber. At the other end, a refrigerant heat exchanger is used in which the liquid ammonia 

leaving the condenser transfers heat to the ammonia vapour exiting the evaporator. 

 

 

Figure 2.2 Schematic of single effect NH3-H2O VARS. 

 

The NH3-H2O VARS has the following benefits: free from crystallization issues found in H2O-

LiBr VARS, ability to achieve evaporator temperatures below zero, elimination of air purge 

system due to operation under positive pressure, the pair is environmental friendly, more 

compact due to high pressure ammonia and lower specific volume. The manufacturers of NH3-

H2O VARS are Apina, Carrier, Colibri-Stork, SolarNext, and Hans Güntner GmbH [13], [64].     



Chapter 2 

 
 

2-19 
 

2.6  Vapour absorption refrigeration system based truck refrigeration 

Tremendous efforts have been made in the area of utilizing the waste heat from engine exhaust 

to drive VARS for refrigerated truck application through modelling and simulations. Alam [65] 

investigated the feasibility of integrating a ternary working pair VARS with a vehicle engine 

exhaust for meeting the air-conditioning need of a passenger car through modelling. Results 

showed that enough thermal energy was recovered from the exhaust that meets the cooling 

load. The performance of NH3-H2O based VARS coupled to the exhaust of a marine diesel 

engine studied in [66] showed that the desorber and evaporator temperatures increase had 

positive effect on the system COP. On the other hand, low condenser and absorber temperatures 

increased the system COP. An investigation into the coupling of the exhaust of  trawler chiller 

fishing vessel engine with an NH3-H2O VARS was carried out by Fernández-Seara et al. [67]. 

The authors’ work was based on modelling by indirectly coupling the two units using a 

coupling heat exchanger and thermal fluid. The thermal fluid absorbs heat from the exhaust 

flue in the coupling heat exchanger and transfer same to the NH3-H2O in the desorber at the 

desired temperature. They concluded that it was feasible and beneficial due to the steady 

operation of the trawler engine. 

A simulation study in the integration of caterpillar diesel engine and VARS showed that there 

was enough thermal energy from the engine exhaust to cater to the cooling load requirements 

and cooling of the inlet air to the engine compressor [68]. A single effect NH3-H2O based 

VARS was indirectly coupled with a diesel engine to cater for small capacity load in [69] using 

a thermal fluid. The authors work was based on modelling and the operation of the system was 

both in cooling and heating modes. Results showed that a COP of 1.67 and 0.69 were achieved 

for heating and cooling mode, respectively based on a control strategy applied. A H2O-LiBr 
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VARS was directly coupled with the exhaust of vehicle engine to study the performance and 

amount of thermal energy recoverable during vehicle idle times. They concluded by showing 

their simulation study that there was enough thermal energy available during idle times to cater 

for a mid-sized passenger car cooling load [70]. Direct coupling of engine exhaust and desorber 

of VARS causes corrosion at the desorber thereby reduces system performance with time, 

hence not a good idea. 

Vicatos et al  [71] built a prototype to test the performance of integrating an NH3-H2O VARS 

with the engine exhaust of a mini truck based on their modelling results and showed that there 

was enough heat to meet the air-conditioning need of the truck. An energy and exergy analysis 

of coupling waste heat from cooling systems and engine exhaust of electric vehicles and 

hybrid-electric vehicles with VARS had been carried out by Javani et al. [72]. The VARS and 

the HEV engine exhaust or EV cooling loop were indirectly coupled using thermal fluid and 

coupling heat exchanger. Results showed that there was no sufficient heat recovered to meet 

the air-conditioning load of the car with EV, but the HEV exhaust heat recovered was more 

than enough to meet the cooling load with a COP of 0.52.  Results of a feasibility and exergy 

study of coupling a Homogenous charge compression ignition (HCCI)  engine with ammonia-

water VARS for combined cooling and power application carried out by Sarabchi et al. [73] 

showed that the highest exergy occurred in the engine and the absorber of the VARS. The 

VARS and the engine were directly coupling through series of heat exchangers thereby 

reducing the exhaust temperature to a maximum of 180oC at the desorber inlet. Their study was 

based on modelling and simulation. 

Researchers have carried out experimental work on utilizing waste heat from the vehicle 

exhaust to drive the VARS for either car air conditioning or refrigeration [4], [6], [74]–[81]. 

An experimental investigation into the feasibility of waste heat recovery from the vehicle 
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exhaust to drive VARS using ammonia-water as working pair was carried out by Koehler et al. 

[4]. They coupled the vehicle exhaust and the VARS directly with the exhaust gas temperature 

varied between 440 and 490oC at mass flow rate of 0.1 kg/s.  This method of coupling can 

cause back pressure effect on the engine thereby reducing the engine performance significantly. 

More so, direct coupling of the engine exhaust and the VARS can cause corrosion at the 

desorber of the VARS. The exhaust gas temperature exiting the desorber was measured to be 

around 180oC. A cooling capacity of 6 kW was achieved at refrigeration temperature of -20oC 

and ambient temperature of 30oC, while 8 kW was achieved when the ambient temperature is 

reduced to 20oC.  

AlQdah et al. [74] coupled a diesel engine waste heat with VARS using a shell and tube heat 

exchanger for car air conditioning purposes. Water was used as the heat recovering fluid, 

flowing through the tube of the heat exchanger while the exhaust gasses flowed in the shell 

side in a counter-flow direction. The emphasis here was on the recoverable heat from the engine 

exhaust and on designing a desorber based on the available heat. It was found that an increase 

in the engine rpm increases its exhaust flow rate, exhaust gas temperature, heat transfer and the 

system COP at constant water flow rate    

Talom and Beyene integrated the exhaust of a 2.8 L V6 Internal combustion engine (ICE) with 

a commercially available 10 kW VARS by replacing the VARS burner with a heat exchanger. 

They operated the VARS in a closed and open cycle at ambient temperatures between 24 and 

30oC for air-conditioning and refrigeration applications on transport vehicles [75].  They 

achieved an evaporator temperature of 12oC in the former mode and 5-8oC in the later. The 

experimental work was carried out at high engine rpms between 1800 and 2400 Hence, the 

insufficient heat from engine exhaust during idling and traffic periods were neglected which 

will negatively affect the refrigerated space temperature. They concluded with 
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recommendations for further work to be conducted on the system scalability, engine back 

pressure, cost, and refrigerant regulations. 

A plenum was built around the desorber of an ammonia-water VARS coupled directly to the 

exhaust of an ICE with small and large flow area modes of operation by Horuz [76]. Results 

showed that the large flow area mode has similar fuel consumption rate, exhaust gas 

temperature and back pressure to the engine before coupling the VARS, while the small flow 

area mode has higher back pressure. This means that, the mode of operation with small flow 

area will reduce vehicle engine performance resulting in low refrigeration effect on the VARS. 

They also concluded that there isn’t enough heat for refrigeration purposes during idling and 

traffic times and the associated cost for alternative source of heat needs be looked into. More 

so, the effect of increased back pressure on the engine during operation and corrosion effect on 

the desorber were recommended to be studied.  

An ICE vehicle exhaust was directly integrated with an ammonia-water VARS, to analyse the 

recoverable heat from the engine exhaust, and the engine performance and its emissions, by 

Manzela et al. 2010) [78]. The study was based on the exhaust back pressure by controlling the 

percentage of throttle valve opening and thereby controlling the amount of heat supplied to the 

desorber of the VARS. Results show that it took the system 2 hrs 55 minutes to get into steady 

state cooling effect. The test showed a reduction in carbon monoxide (CO) emissions but no 

positive change in the carbon dioxide (CO2) emissions. Alqdah et al [79] on his part also 

integrated the exhaust gases of an ICE with and ammonia water VARS. They evaluated the 

engine performance, the effect of exhaust flow on VARS and the emissions. COP of 0.85 and 

1.04 were achieved depending on the desorber temperature which is directly proportional to 

the exhaust heat temperature. 
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An investigation into directly coupling the engine exhaust to a single effect LiBr-H2O VARS, 

which was carried out by Kaewpradub et al. [80], showed promising results. The condenser, 

absorber and evaporator of the VARS were of the shell and coil heat exchanger type while the 

desorber was of spiral fin-and-tube type as shown in Fig. 3 

 

Figure 2.3 Schematic diagram of engine exhaust coupled VARS test bench  [80]. 

 

In the desorber, the exhaust gases flowed through the shell side while the LiBr-H2O solution 

flowed in the coiled tube. A cooling capacity of 700 W was achieved with a COP of 0.275 at a 

condenser outlet temperature of 25oC. They found that crystallization of LiBr-H2O solution at 

the desorber outlet occurs at engine rpm of 1600 and above which will stop system operation 

due to no flow, while there was no sufficient heat to cause evaporation at rpm below 1200. 

Hence, the tests were carried out at engine rpm between 1200 and 1400. This is not practically 

achievable as the engine rpm would be below 1200 during traffic and idling resulting in 

insufficient heat for refrigeration. 
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The transient performance of an ammonia-water-hydrogen diffusion absorption refrigeration 

system (DARS) utilizing heat from an ICE exhaust gases and electric heaters as energy sources 

was studied by Adjibade et al. [6]. The exhaust of the internal combustion engine was directly 

coupled to the desorber of the absorption system with two censored valves regulating the 

amount of heat input to the desorber and that rejected to the surrounding. The desorber was a 

double pipe heat exchanger where the outer tube is directly heated up by the exhaust gas which 

transfers the heat to the solution flowing in the inner tube. Results showed that, 40 sec and 180 

sec were required to heat up the DARS using exhaust gases and electric heating respectively. 

Furthermore, it took 2 hours for the exhaust to reach a steady state temperature of 3oC at the 

evaporator and 7hrs for the electric heater. It was found that a minimum temperature of 140oC 

is required at the desorber for the cooling effect to start taking place at the evaporator. Using 

the same DARS, Aly et al. [81] were able to achieve a refrigerated temperature of between 10 

and 14.5oC in 210 minuteswhen the engine was operated at 1750 rpm. A maximum of 9% 

waste heat was recovered by the system and a COP of 0.10 was achieved. A minimum 

refrigeration temperature of 10oC was attained at exhaust gas temperature of between 215 and 

230oC. 

2.7 Discussion 

From the above literature on modelling/simulation and experimental studies, the following 

problems were deduced: (i) back pressure effect on vehicle engine performance, (ii) corrosion 

effect on desorber of VARS due to direct coupling of the exhaust to VARS, (iii) not enough 

heat from the engine during idle and traffic periods, (iv) noise from the vehicle engine or the 

alternative diesel generator on board with associated greenhouse gas emissions.  
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In a bid to addressing most of the problems encountered on the use of vehicle engine exhaust 

heat as energy source for VARS, researchers have explored the use of the exhaust heat from a 

fuel cell as the energy source to drive VARS [82]–[94].  A fuel cell is an electrochemical device 

that converts the chemical energy in fuel into electricity and heat without the combustion 

process.  They are quiet due to the absence of moving parts with potentially zero emissions at 

the point of use depending on the fuel used. Fuel cells are categorised into low and high 

temperature types.  The low temperature types operate in the temperature range of 60-200oC, 

and the high temperature types are in the range of 600-900oC. If a high temperature fuel cell is 

used as an APU on board of a refrigeration truck, the high temperature cathode exhaust heat 

from high temperature fuel cells can be harnessed and used as an energy source for VARS. 

This will reduce the electric load from the vehicle engine. On the other hand, by decoupling 

the source of heat from the engine, there will always be sufficient heat even during idling and 

low speed conditions, and no emissions and noise associated with the refrigeration on the truck. 

Moreover, the electricity generated from the fuel cell can be used to power the cabin air 

conditioning system and other auxiliary electrical loads including vehicle battery charging. 

Compact thermally driven refrigeration systems are scarce with no experimental work on fuel 

cell-VARS refrigerated trucks. A detailed modelling study, which was carried out by 

Venkataraman et al. [86], shows the feasibility of the use of SOFC cathode exhaust heat to 

drive VARS for refrigerated truck applications. Their systematic modelling work used an 

internally finned double pipe heat exchanger to indirectly couple the two units (SOFC and 

VARS) by using thermal oil as the heat transfer fluid due to the units’ different operating 

temperature levels. They started with modelling the single components and finally analysing 

the entire system configuration.  The results showed that 80% overall system efficiency is 

achievable. 
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A thorough review of engine exhaust and fuel cell exhaust heat coupled VARS was carried out 

by Venkaraman et al [95]. They concluded that the benefits of using fuel cell exhaust heat 

powered VARS outweighs that of the engine exhaust powered VARS for refrigerated transport 

application. 

Apart from the study carried out by Venkataraman et al. [86] for use of fuel cell and VARS for 

refrigerated truck application, all other fuel cell-VARS integration studies [82]–[85], [87]–[94] 

have been mainly for residential applications and therefore not discussed here. A comparative 

study of coupling SOFC (in parallel and series modes) with VARS for refrigerated transport 

application was also carried out by Bhargav et al [96]. Their simulation study focused on the 

thermos-economic performance of the SOFC in the two different configurations as shown in 

Fig. 4 for optimisation of the SOFC sub-system layout. Results showed that the parallel 

configuration requires 45-65% lower number of SOFC cells to meet a targeted refrigeration 

load as opposed to the series. 

 

a 
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Figure 2.4 SOFC-VARS system layout: (a) series configuration (b) parallel configuration [96]. 

 

 

Experimental studies on coupling of SOFCs with VARS for refrigerated trucks has not been in 

the public, thus more data is required to prove the feasibility of the concept. This is the main 

purpose of this study and the novelty behind the work. However, a demonstration project using 

fuel cell as auxiliary power unit (APU) on truck refrigerated units have been carried out 

successfully in the USA [97]. The project was sponsored by the department of energy (DOE) 

with Nuvera Fuel Cells, Thermo King, Ballard Power, Zen Clean Energy, Carrier Transicold, 

and Walmart as partners, The complete system was successfully demonstrated for 8 hours in 

2018.The fuel cell used was 25 kWe stack from Nuvera mounted at the belly of the TRU with 

a 10 kg hydrogen tank. The demonstration was carried out at refrigerated temperature set point 

of 1 and -20oC and were met at average inverter power of 12.5 and 12.11 kW. 

b 
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From the foregoing, it will be more efficient to use a high temperature fuel cell (SOFC in 

particular) to drive VARS and still use the available electricity from the fuel cell for auxiliary 

load on the truck. More so, since the evaporation temperature for refrigerated trucks in most 

cases will be below zero, the VARS will be ammonia-water based as the H2O-LiBr is for air –

conditioning purposes and chilled food above zero degree. 
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3 Chapter 3 

SYSTEM DESCRIPTION AND EXPERIMENTAL SET UP 

The integration of high temperature fuel cells, such as SOFCs, with a thermally driven vapour 

absorption refrigeration systems (VARS) to utilise the waste heat from the fuel cell to provide 

air-conditioning or refrigeration alongside side heating and domestic hot water is an attractive 

concept. Such an integrated system is called Combined Cool, Heat and Power System (CCHP). 

However, the temperatures required at the inlet of the VARS (desorber) are between 120oC and 

240oC depending on the type of chiller (single, double, or triple step) and the refrigerant-

absorbent pair used [98], while waste heat from SOFCs is generated at much higher 

temperatures. Therefore, direct coupling of the two systems is not possible as it may cause 

boiling in the desorber of the VARS resulting in low or inefficient performance. Venkataraman 

et al. carried out detailed system modelling and simulation of indrectly coupling of SOFC with 

an NH3-H2O working pair in a single step VARS. Thermal oil was used as the heat transfer 

fluid for coupling as shown in Fig.3.1 which forms the basis of this work [86]. 
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Figure 3.1 Schematic of SOFC-VAS integration [86] 

 

The coupling is made possible using an internally finned double pipe heat exchanger (DPHX) 

in which the SOFC waste heat, carried by the exhaust air, flows in the shell side while a thermal 

oil flows through the annulus. The thermal oil is heated up to the desired temperature in the 

DPHX and flows into the desorber of the VARS where heat is transferred to the strong NH3-

H2O solution (rich in ammonia concentration) resulting in the ammonia evaporating. The 

evaporated ammonia is not 100% pure as there might be water vapour accompanying it; hence 

a vapour separator or rectifier is used. The pure ammonia vapour leaving the rectifier then 

flows into the condenser where it cools down and condenses into liquid by rejecting heat to the 

surrounding. The liquid ammonia leaving the condenser is further cooled down in a refrigerant 

pre-cooler where heat is transferred to the ammonia vapour leaving the evaporator. The cold 

liquid ammonia flows through an expansion valve during which the pressure is reduced before 

entering the evaporator. In the evaporaor, the liquid ammonia gains heat from the refrigerated 

space and evaporates thereby causing the cooling effect. Now, the hot ammonia vapour leaving 

the evaporator gains more heat from the refrigerant precooler before entering the absorber 
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where it mixes with the weak solution (poor in ammonia concentration) coming from the 

desorber to form a strong solution which is pumped back to the desorber for a repeat of the 

cycle. 

A test rig was built in the laboratory to verify the model and demonstrate the feasibility of the 

practical integration of the system explained above. The performance of the complete systems 

is studied based on the design and operating conditions. 

3.1 Experimental test rig description and set up 

There is need to investigate the performance of the integrated system (SOFC-VARS) by 

carrying out experimental work to validate the modelling studies. The outcome of the 

experimental study will be used to modify the models and make amendments. This section 

gives a detailed description of the test rig used in the laboratory for the study and the test 

procedures followed. Stainless steel parts were used for all components in contact with 

ammonia to elevate any corrosive effect of the ammonia (refrigerant). With this in mind, the 

rectifier, desorber, solution tank, condenser and the piping into and out of these components 

were made of stainless steel. Fig. 3.2 shows a schematic of the test rig. 
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Figure 3.2 Schematic of the test rig 

 

An air blower was used on the test rig to simulate the exhaust flow rate of the SOFC cathode. 

The air is passed through an electric heater to increase its temperature to replicate that of the 

SOFC stack exhaust. The heated air is passed through an internally finned double pipe heat 

exchanger where it transfers heat to the thermal oil flowing through the annulus. Hereby, the 

thermal oil is heated to the desired temperature of 200oC which is the required inlet temperature 

for the desorber of the VARS. 

A plate heat exchanger is utilised as a desorber. The hot oil flows through the desorber on one 

side while the strong ammonia-water solution is pumped into the other side of the desorber by 

a variable speed diaphragm pump, transferring the heat from the oil to the NH3-H2O solution. 

The process makes the ammonia in the strong solution to evaporate and flows into the vapour 

separator (rectifier) where any accompanying water vapour is removed and is flowed back to 

the absorber. The refrigeration cycle continues as explained in the previous section. Fig. 3.3 
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shows the experimental test rig. A cylindrical tank of about 20 litres in volume is used as the 

absorber in which the ammonia-water solution is stored.  

 

 

 

Figure 3.3  Experimental prototype of simulated SOFC cathode exhaust and VARS. 

1- Air blower/compressor, 2 - Computer for data recording and visualisation, 3 - Electric heater, 

4 - Internally finned double pipe heat exchanger, 5 – Rectifier, 6 – Desorber (Plate heat 

exchanger, PHE), 7 – Condenser, 8 - Heater control, 9 - Oil pump, 10 - Coriolis flow controller, 

11 - Solution pump, 12 - Oil tank. 
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3.1.1 System component description 

The air blower is a turbo-compressor with rated power of 1 kW and maximum flow rate of 55 

g/s supplied by celeroton. The blower is connected to a SureHeat MAX electric heater (model 

F074729) by SYLVANIA with rate power of 10 kW and maximum temperature of 649oC. A 

variable speed oil pump (ECHTOP MS 711-2) is employed in pumping the oil from the oil 

tank into the annulus of the coupling heat exchanger (DPHX) and back to the tank. The DPHX 

was manufactured by EBZ with series ID HX-GW-D1.2-01. Figure 3.4 shows the drawing of 

the heat exchanger. 

 

Figure 3.4 Engineering drawing of the tube-in-tube heat exchanger [3] 

 

The hot oil flows through the desorber on one side while the ammonia-water solution is pumped 

into the desorber on the other side by a variable speed diaphragm pump (ECHTO MS 711-2). 

Heat is transferred from the oil to the NH3-H2O solution in the desorber causing ammonia to 

evaporate. Type K thermocouples are installed at the inlet and outlet of each component, i.e. 
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condenser, air and oil inlet, and outlet of the DPHX, the rectifier, and the desorber, which 

allows measuring the temperatures at these points to be used for the analysis. The mass flow 

rates of the oil and strong solution were measured with RHM03-T2-P1-PM0-M0-G1-N flow 

transmitter model supplied by Bronkhorst.  

The rectifier is a helical coiled tube heat exchanger which was manufactured by EBZ. The heat 

of the ammonia vapour flowing in the upward direction (parallel flow) is transferred to the 

solution before it enters into the desorber. This process helps to increase the strong solution 

temperature before entering the desorber, thereby acting as both the vapour separator and 

solution pre-heater. This drastically reduces the cost of installing a solution heat exchanger and 

improves compactness. 

The pumps and turbo-compressor could be manually controlled by their accompanying 

software and data recorder, however a data acquisition LabVIEW interface was developed and 

used. LabVIEW is National Instrument software which makes it possible for the user to write 

codes, to communicate with the hardware and to record experimental data. Fig. 3.5 shows the 

interface window used for controlling the system. The mass flow meters, thermocouples and 

controls are interfaced with the software through an RS232 with the aid of a USB adaptor.  
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Figure 3.5 Front panel/user interface of LabVIEW for overall monitoring and control of test 

rig. 

 

A U-coiled stainless tube with aluminium fins is used as the condenser while the evaporator is 

made from stainless steel formed into ring. The condenser is on the high pressure side after the 

rectifier while the evaporator is on the low pressure side after the condenser. There are two 

controllable electronic expansion valves (Carel E2V05BS000) operated by means of pulse-

width modulation installed one each after the condenser and rectifier. The high pressure 

ammonia liquid exiting the condenser first passes through the expansion valve which helps in 

reducing the pressure to lower pressure before it enters the evaporator. While the separated 

water vapour from the ammonia exiting the rectifier passes through another expansion valve 

where its pressure is reduced before entering the absorber and mixes with the low pressure 

ammonia vapour exiting the evaporator to form a strong solution. Therefore, the high pressure 
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side consists of the desorber, rectifier and condenser, while the low pressure side is made up 

of the evaporator and absorber 

3.2  Experimental Plan 

The aim of the experiments is to validate the modelling and simulation results. The overarching 

goal here is to build a functional test rig demonstrating a compact and small scale VARS 

integrated with an SOFC and managed by a control system. The experiments are taken in steps 

to validate and calibrate the individual components and finally incorporated all together for the 

final system test and analysis. Based on this, the experimental procedures are divided into small 

test groups and this section gives details of each step taken. 

3.2.1 Waste heat recovery through double pipe heat exchanger 

The first part of the experiment is to harness the waste heat from the fuel cell cathode by using 

the thermal oil flowing through the annulus of DPHX while the hot cathode exhaust through 

the shell side.  For a VARS, the temperature of the heat that can cause vaporization of the 

refrigerant at the desorber is between 140-240oC.  Since the temperature of the SOFC is 

between 600-900oC a thermal fluid is used here which is heated up to the required temperature 

range in a double pipe heat exchanger and flows into the desorber where it transfers the 

absorbed heat to the strong solution and causes separation of the refrigerant and absorbent.  By 

doing so, the high temperature SOFC cathode exhaust heat is coupled indirectly with the VARS 

using thermal oil. The aim here is to transfer the required heat to the desorber by the thermal 

oil at a temperature range of between 140-240oC.  Figure 3.6 shows a schematic of the first 

part of the experiment. 



Chapter 3 

 
 

3-10 
 

 

Figure 3.6 Piping and instrumentation diagram of test rig for heating thermal oil. 

 

The controlled variables were the air and oil mass flow rates by varying the rpm of the air 

blower and the oil pump speed respectively through the computer interface. These in turn 

changes the air and oil inlet and outlet temperatures at the double pipe heat exchanger. The air 

blower operating range is 180K rpm and was varied in steps 500 rpm every 1 minute while the 

oil flow rate was varied between 1 and 16g with incremental steps of 2g/5minutes. 

The desired results and purpose of this part of the experiment are as follows  

i. Characterise the correlation between the air flow rate, the heat captured in the air stream 

and the temperature at the heater outlet. 

ii. Determine the relationship between the oil outlet temperature and oil mass flow rate to 

find the required conditions to achieve the desired oil outlet temperature. 
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iii. Measure the time required to heat the thermal oil to the desired temperature which will 

help in analysing the start-up operation of the system and also for dynamic/transient 

modelling. 

iv. The mass flow rate and temperature of air needed for transferring the required amount 

of heat in the heat exchanger. 

v. The temperature gained by thermal oil (of different mass flow rates) in one pass through 

the heat exchanger and to verify the results with simulation. 

vi. Characterize and correlate air flow rates with SOFC stack size and fuel utilisation factor 

Operational procedure of the test rig for heating the thermal oil 

In order to carry out a successful experiment the following steps were followed in operating 

the test rig: 

a. The required power supply for this part of the experiment was first turned on.  

b. The air blower was then turned on and the rpm of the air blower increased in steps of 

500 so that the compressor reaches the desired rpm when heated will give the heater 

maximum temperature of 649oC that replicates the SOFC’s cathode exhaust 

temperature.  It was then allowed to run for about 3 minutes to attain steady state. 

c. the heater is then turned on to heat the air thereby mimicking the fuel cell cathode 

exhaust 

d. The hot air is passed through the DPHX and vented out from the other end of the heat 

exchanger. 

e. The oil pump is turned on and the mass flow rate of thermal oil is increased in steps of 

1 g/s. The oil flow rate at which the oil temperature gets to 200oC and the time it takes 

to reach the desired temperature are recorded. 



Chapter 3 

 
 

3-12 
 

The system was allowed to run at the new air and oil flow rates for about 10 minutes and the 

inlet and outlet temperatures of the air and oil in the heat exchanger were recorded. Moreover, 

the mass flow rates of the air and thermal oil were also recorded for the calculation of the heat 

transfer rate and overall heat transfer coefficient. 

3.2.2 Integration of thermal oil with desorber and rectifier of the VARS 

This is the second part of the experimental work aimed at integrating the heat from the thermal 

oil gained from the hot cathode exhaust air with the desorber. The purpose of the experiment 

is to use the gained heat to heat the strong solution in the desorber thereby evaporating the 

ammonia from the solution. A schematic of the heat integration with the desorber and rectifier 

is shown in Fig. 3.7  

 

Figure 3.7 Schematic of integrating hot thermal oil with desorber and rectifier 

The main results from the experiment are to determine the quantity, quality, temperature and 

pressure of the ammonia produced at the exit of the desorber. This is achieved by calculating 
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the heat transfer rate from the cathode exhaust to the thermal oil using the temperatures, mass 

flow rates and specific heat capacities. The results are compared with the modelling results for 

modification and validation. More so, the time required for producing the required quantity of 

ammonia vapour and that taken to reach steady state conditions is recorded. This will help in 

determining the start-up time needed for the system and also help in dynamic operation 

analysis. 

Operational procedure for the integration of the hot thermal oil and desorber 

With the thermal oil been heated up in the first part of the experiment, the strong NH3H2O 

solution pump is turned on to circulate the solution from the absorber into the desorber. This is 

achieved by first passing the solution through the rectifier to pre-heat before flowing into the 

desorber. The system is allowed to run for some time to allow the solution temperature at the 

exit of the rectifier to increase to a reasonable level; say 140oC as identified from the simulation 

study. When the system attains a steady state condition, the temperatures at the inlet and outlet 

of the desorber, mass flow rates of the solution and oil at which the desired temperature was 

attained are recorded. More so, the temperatures at rectifier inlet and exit and mass flow rates 

of strong solution, ammonia vapour and vapour are recorded. The solution flow rate is between 

1 and 8g with incremental steps of 1g every five minutes. These data will help in calculating 

the heat transfer rate, overall heat transfer coefficient and effectiveness of the desorber. It will 

also be used to determine the quantity and vapour quality of the ammonia leaving the strong 

solution and the time taken. 
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3.2.3 Integration of the condenser an evaporator in VARS 

The condenser and evaporator are important components in the VARS and their integration to 

the system is carried out and analysed here. When the pure ammonia flows into the condenser 

from the rectifier it is cooled down rejecting heat to the surrounding and liquid ammonia is 

formed. The liquid ammonia passes through an expansion valve and its pressure is reduced in 

the process before entering the evaporator where the cooling effect takes place. 

The mass flow rate of the pure ammonia in the condenser depends on the flow rate of at which 

it leaves the rectifier. The quality of the ammonia formed and quantity in the condenser also 

depends on the temperature of the solution leaving the desorber before entering the rectifier. 

This is related to the mass flow rates of both the strong solution and thermal oil. The amount 

and quality of pure ammonia in the condenser depends on the quantity of heat from the thermal 

oil supplied at the desorber, in that the higher the heat input the higher the ammonia desorption. 

This in turn will have a direct effect on the cooling process at the evaporator, the more the 

ammonia in the condenser the more the cooing effect at the evaporator. Therefore, the 

controllable parameters in this section are the mass flow rate of the ammonia and the cooling 

fan speed at the condenser. The parameters to be measured here are the inlet and outlet 

temperatures of ammonia at the condenser and evaporator, mass flow rate of ammonia and 

pressures. 
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Figure 3.8 Schematic of test rig with integrated condenser and evaporator 

 

When the liquid ammonia exiting the condenser flows through the expansion valve, it reduces 

in pressure before entering the evaporator where it gains heat from the evaporated space and 

evaporates. The evaporated space reduces in temperature to the target value set on the controller 

thereby causing a cooling effect. The system is allowed to run for about 10 minutes to attain a 

steady state and the pressure, temperature and flow rate of the ammonia vapour leaving the 

evaporator is recorded. The flow rate of the ammonia vapour leaving the evaporator is assumed 

to be the same as the ammonia liquid entering the evaporator. The oil and strong solution flow 

rates at which the desired cooling load is achieved are also recorded. These data will help in 

determining the evaporator capability in delivering a target cooling load. It will also help in 

investigating the entire VARS performance.  
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Following the successful components analysis of the VARS the whole system will be operated 

and its behaviour under dynamic operations will be studied and the CoP ascertained. First, the 

fuel cell exhaust flow rate will be varied and its effect on the heat transferred to the thermal oil, 

the heat input at the desorber, ammonia desorption at desorber, and cooling temperature at the 

evaporator will be determined. The temperatures and mass flow rates at all the components will 

be recorded. This will be followed by the variation of the thermal oil and the effects on the 

whole system determined by recording same parameters as those during the exhaust flow rate 

variation. Thirdly, the mass flow rate of the strong solution will be varied and all parameters 

as before will be recorded as well. Based on the recorded parameters, judgement will be made 

to determine the best operating conditions of the complete system at which the higher cooling 

is observed and COP. 
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4 Chapter 4 

VAPOUR ABSORPTION SYSTEM COMPONENTS MODELLING 

There is a steady growth in the population of the world which will inevitably increase the 

demand for energy, a major part of which will be for refrigeration and air-conditioning. As 

population growth will increase the demand for food, more attention is being given to the value 

chain ranging from production, processing and safely and qualitatively transporting same to 

the end user. This will inevitably increase global warming issues that are caused by the over 

dependence on fossil fuel for power generation and transportation. The major conventional 

systems used in refrigerated transportation emit greenhouse gases that contribute to global 

warming, as a result policies are being put in place that pose restrictions on refrigerated trucks. 

These are mostly operated by diesel engines even when the vehicle is at idle, emitting 

greenhouse gases and noise as they have to keep running in this idle condition to keep the 

temperature of the product at the desired level. Due to a lack of environmental legislation 

applying to these engines they are therefore by far noisier and more polluting than the main 

engines of the vehicles. On the other hand, electric driven air-conditioning (AC) systems also 

are powered by the same conventional systems that cause global warming. Due to the continued 

rise in outdoor temperatures there will certainly be an increase in electricity demand as most 

AC systems are powered through the conventional means with its adverse effects on the 

environment in terms of noise and greenhouse gas emission. 

The vapour absorption system is made up of various sub components including absorber, 

desorber, rectifier, condenser and evaporator. This chapter is dedicated to the detailed 
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modelling of the rectifier, absorber, and the double pipe heat exchanger for coupling the SOFC 

and the VARS. 

4.1 Mathematical modelling of an internally finned double pipe heat 

exchanger 

The overwhelming part of the worldwide cooling refrigeration is produced by electrically 

driven vapour compression systems (VCS). On the refrigerated trucks, the electricity is 

produced by so called Auxiliary Power Units (APUs) in around 90% of vehicles. They are 

equipped with small diesel engines that are not subject to any environmental legislation. The 

use of fuel cells to produce the electricity would dramatically reduce noise and pollutants. On 

the other hand, using waste heat from high temperature fuel cells like Solid Oxide Fuel Cell 

(SOFC) to drive a Vapour Absorption refrigeration system (VARS) will also increase system 

efficiency. In this way, the electricity produced from the fuel cell could be used for appliances 

on the vehicle and the waste heat, which is free in a sense used for refrigeration. As fuel cells 

are environmental friendly, this method will reduce the emission of greenhouse gases, the 

demand for conventional electricity production, and noise pollution. The exhaust temperature 

of the waste heat from SOFC or other high temperature fuel cells is between 600oC and 900oC 

while the temperature of heat needed at the desorber of VARS is between 120 and 240oC. 

Therefore, there needs to be a medium to couple these two systems of different temperature 

levels. Double pipe heat exchangers can work well for this purpose with fuel cell exhaust 

flowing through inner tube and heat transfer fluid (thermal oil) through the annulus (inner tube).  

Various works on modelling, simulation and experiments have been carried out using double 

pipe heat exchangers with the conclusion that internally finned types are more effective in heat 
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transfer [99]. Genetic algorithm and finite element methods have been used by Fabbri [100] to 

study the performance optimisation in terms of heat transfer of an internally finned tube heat 

exchanger. Kundu and Das  [101] used an analytical approach to study the thermal performance 

of three types of fins in a tube, namely; longitudinal fin, spine and annuli fin, all of which are 

straight tapered. Results showed that the heat transfer coefficient largely influenced the fin 

efficiency. Using fluent software Rout et al. [102] utilised finite volume method in analysing 

the characteristics of an internally finned tube heat exchanger with different fin shapes, sizes 

and numbers. 

Assuming a fully developed laminar flow in internally finned tubes, Tien et al [103] developed 

discretised two dimensional equations. The numerical equations were solved iteratively to 

analyse the flow behaviour in terms of velocity, temperature and heat transfer rate. The rate of 

heat transfer with respect to design parameter variation was also investigated. It was gathered 

that, the heat transfer rate increased with an increase in the number of fins but a large pressure 

drop was caused. They also found that there was a maximum Nusselt number of about 0.8 of 

the dimensionless fin height when the number of fins was less than 14. Experimental work was 

carried out to validate the numerical analysis using a counter flow type heat exchanger with 

hot and cold water running through the inner and outer tube, respectively. An analytical 

analysis of a fully developed laminar flow in internally finned tube was carried out by Hassan 

et al. [104]. They categorised the flow regions into two for which velocity profiles were studied 

with respect to boundary conditions and influence of design parameters.  

Sreedhar and Varghese [105] investigated the heat transfer rate and overall heat transfer 

coefficient of an internally finned double pipe heat exchanger numerically, using the 

logarithmic mean temperature difference method. The authors used Fluent 6 for the numerical 

analysis with the fins studied in different positions viz: external fins on inner tube, tube without 
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fins, internal and external fins simultaneously on the inner tube, and inner tube internally finned 

only. Results from the modelling work showed that the rate of heat transfer and overall heat 

transfer coefficient was higher on the one with external fins on the inner tube. It had an overall 

heat transfer coefficient of about 60.5% increase compared to the base case with no fins. In 

conclusion, they stated that fins on the outside of the inner tube were the best design if the hot 

fluid flowed in the inner tube with the cold fluid in the annulus with intension to cool down the 

hot fluid, but the fins on internal part of the inner tube were best if the hot fluid is to heat up 

the cold fluid.  

Indhe et al. [106] performed an experimental investigation into the optimisation of a 

longitudinal fin profiles for double pipe heat exchangers. It was found that heat transfer was 

enhanced by 26% as compared to an un-finned tube. Tang et al. [107] experimentally 

investigated the performance of finned tube with crimped spiral fin, plain fin, slit fin, fin with 

delta-wing longitudinal vortex generators, and mixed fins of vortex generator type and slit fin 

type. Results showed that a crimped spiral finned tube had the highest values of heat transfer 

but also pressure drop. 

In order to understand the performance of a double pipe heat exchanger as used in coupling the 

SOFC and VARS a detailed design/modelling is presented in the following. The design of the 

double pipe heat exchanger is delicate as it is the key component that will make possible the 

coupling of high temperature fuel cell exhaust heat with the VARS. In this design, thermal oil 

is used as the heat transfer fluid flowing in the annulus while the fuel cell exhaust air flows in 

the finned inner tube. As the hot cathode exhaust fluid flows through the double pipe heat 

exchanger, it heats up the thermal oil in the annulus which in turn will pass the heat it gains to 

the desorber of the VARS. Table 4.1 gives the design details of the heat exchanger. 



Chapter 4 

 
 

4-5 
 

Table 4.1 Design parameters of the internally finned double pipe heat exchanger. 

Parameter Value 

Fin height Hf (mm) 8 

Fin thickness  𝛿f (mm) 4 

Number of fins N 4 

Length of finned tube L (mm) 500 

Outer diameter of inner tube do (mm) 34 

Inner diameter of outer tube di (mm) 57 

 

The heat transfer rate in the heat exchanger on the oil and air side respectively is determined 

by Eq. 4.1 and 4.2 

   𝑄𝑂  =   ṁ0 𝐶𝑝𝑜∆𝑇𝑜                            Eq. 4.1

   𝑄𝑎 =  ṁ𝑎 𝐶𝑝𝑎∆𝑇𝑎                            Eq. 4.2 

with ∆To and ∆Ta given as  

   ∆𝑇𝑜 =  𝑇𝑜𝑜 −  𝑇𝑜𝑖                                  Eq. 4.3 

   ∆𝑇𝑎 =  𝑇𝑎𝑖 −  𝑇𝑎𝑜                                  Eq. 4.4 

Where  

Cp specific heat capacity 

Toi, Too         Oil inlet and outlet temperatures (K)   

Tai, Tao        Air inlet and outlet temperatures (K)  

 ṁ mass flow rate of the fluids. 
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The overall heat transfer cofficient was determined with Eq. 4.5   

                                       𝑈𝑜 =
𝑄𝑜

𝐴𝑡𝑜𝑡𝑎𝑙𝐿𝑀𝑇𝐷
                      Eq. 4.5 

Where Uo, Atotal, and LMTD, are the overall heat transfer coefficient, total heat transfer area, 

and logarithmic mean temperature difference respectively. The LMTD term is calculated from 

Eq. 4.6 

𝐿𝑀𝑇𝐷 =
(𝑇𝑎𝑖−𝑇𝑜𝑜)−(𝑇𝑎𝑜−𝑇𝑜𝑖)

ln(
𝑇𝑎𝑖−𝑇𝑜𝑜
𝑇𝑎𝑜−𝑇𝑜𝑖

)
                     Eq. 4.6 

It is important to note that the fluid friction for annular space occurs at both the inner wall of 

the outer tube and the outer wall of the inner tube while the heat transfer takes place at the outer 

surface of the inner tube wall. Therefore, in calculating the overall heat transfer coefficient, the 

heat transfer area is either based on the inner or outer diameter of the inner tube at the discretion 

of the designer [108].  

For the Reynolds and Prandtl numbers determination, equations 4.7 and 4.8 are used 

                    𝑅𝑒 =
𝜌 𝑉𝑑ℎ

𝜇
          Eq. 4.7 

             𝑃𝑟 =
𝐶𝑝𝜇

𝐾
          Eq. 4.8 

Where  

Re Reynolds number 

Pr Prandtl number 

V fluid velocity 

K thermal conductivity 

ρ density 
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dh  hydraulic diameter 

The local heat transfer rate at both the inner and outer tube side is calculated with Eq. 4.9 

  ℎ =
𝑁𝑢𝑠𝑠 𝐾

𝑑
           Eq. 4.9 

With the Nusselt number for laminar flow being [109] 

𝑁𝑢𝑠𝑠 = 3. 66 +
𝑜.0668(

𝑑

𝐿
 𝑅𝑒𝑃𝑟)

1+0.04[
𝑑

𝐿
 𝑅𝑒𝑃𝑟]0.67

       Eq. 4.10 

While for turbulent flow equation 4.11 is used 

                      𝑁𝑢𝑠𝑠 =  0.023 𝑅𝑒0.8 𝑃𝑟0.4     Eq. 4.11 

The total heat transfer area is given as  

   𝐴𝑡𝑜𝑡𝑎𝑙 =  𝐴𝑓 + 𝐴𝑏      Eq. 4.12 

Where Af  and Ab are the total fin surface area and un-finned bare tube area which are calculated 

with Eqs. 4.13 and 4.14 respectively [110] 

                                        𝐴𝑓 =  2𝑁𝑓𝐻𝑓𝐿𝑓                                                  Eq.4.13                       

                            𝐴𝑏 = 𝛿𝑓𝑑𝑜𝐿𝑓 − 𝑁𝑓𝐿𝑓𝛿𝑓                                                              Eq. 4.14 

Where 

Nf Numbere of fins 

Hf fin height 

Lf Fin length 

𝛿𝑓       Fin thickness          

do Inner tube outer diameter       

                         

The effectiveness of the double pipe heat exchanger is determined using Eq. 4.15 

   Ɛ= 
ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟𝑒𝑑 𝑡𝑜 𝑜𝑖𝑙 

𝑚𝑎𝑥𝑖𝑚𝑢𝑚 ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟𝑟𝑎𝑏𝑙𝑒
                     Eq. 4.15 



Chapter 4 

 
 

4-8 
 

This means that  

Ԑ = 
𝑄𝑜

𝑞𝑚𝑎𝑥
                              Eq. 4.16         

𝑞𝑚𝑎𝑥 =  𝐶𝑚𝑖𝑛(𝑇𝑎𝑖 − 𝑇𝑜𝑖) 

Where Cmin is the minimum of the heat capacitance of either of the fluids as determined by Eq. 

4.17.  

                   Cmin = ṁ*Cp     Eq. 4.17 

Eq. 4.1 to 4.17 were solved simultaneously using Engineering Equation Solver (EES) and 

Table 4.2 gives details of the model initial input values and results. The oil flow rate was chosen 

to reflect what is achievable on the test rig. 

The following assumptions were made for successful modelling of DPHX 

a) There is no heat loss in the DPHX during operation 

b) Mass flow rates of both fluids were specified. 

c) Inlet temperature of the fluids were specified 

d) Outlet temperature of the thermal oil was specified 

Table 4.2 Results from the mathematical model. 

Parameter Initial Input Value Output value 

Oil inlet temperature (K) 303 303 

Oil outlet temperature (K) 473 473 

Oil flow rate (kg/s) 0.020 0.020 

Cathode exhaust inlet temperature (K) 873 873 

Cathode exhaust outlet temperature (K)  687.3 

Cathode exhaust mass flow rate, (kg/s) 0.038 0.038 

Heat transfer rate,  (kW)  7.82 

Maximum heat transferable (kW)  24 

Heat exchanger effectiveness Ɛ (%)  32.58 

Overall heat transfer coefficient (W/m2-K)  277.8 
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4.1.1 Influence of operating parameters on heat exchanger performance 

This section gives detail of the effect of the change in operating conditions on the heat 

exchanger performance. 

It was observed that at fixed inlet and outlet temperatures of the exhaust and thermal oil 

respectively, and fixed thermal oil flow rate, there was a minimum thermal oil inlet temperature 

at every exhaust flow rate. The exhaust inlet temperature was fixed at 823 K, while the thermal 

oil flow rate and outlet temperature were fixed at 0.02 kg/s and 473 K respectively. Figure 4.1 

shows the minimum thermal oil inlet temperatures and their associated exhaust flow rate. It 

was discovered that below these minimum oil inlet temperature as specified in Figure 4.1, the 

equations could not be solved as there was no convergence. This was due to the fact that below 

this temperature, Eq. 4.6 resulted in a logarithm of a number less than or equal to zero. Hence, 

with the log mean temperature difference (LMTD) value, the minimum oil inlet temperature at 

each exhaust flow rate was determined.  

 

Figure 4.1 Effect of exhaust flow rate on thermal oil inlet temperature. 
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Effect of exhaust flow rate variation on heat exchanger performance 

The effect of the exhaust flow rate variation on the exchanger performance was investigated 

here. The exhaust flow rate was varied between 0.00453 and 0.0.6 kg/s at fixed thermal oil 

flow rate of 0.02 kg/s and inlet temperature of 430 K, and exhaust inlet temperature of 873 K.  

 

 

Figure 4.2 Effect of cathode exhaust flow rate variation on DPHX performance 
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It can be seen from Figure 4.2 that an increase in the exhaust flow rate increases the exhaust 

outlet temperature and logarithmic mean temperature difference (LMTD), while a reduction of 

the heat exchanger effectiveness was noticed. For balance of heat exchange between the hot 

cathode exhaust and thermal oil in the DPXH, the heat lost by the exhaust is equal to that gained 

by thermal oil. This means that the heat gained by the thermal oil is known since the inlet and 

outlet temperatures and flow rate are known and was 2.3 kW all through the variation of the 

exhaust flow rate. This heat gained by the thermal oil is equal to that lost by the hot exhaust, 

hence using Eq. 4.2, an increase in the exhaust flow rate increases the exhaust outlet 

temperature as the heat transfer and inlet temperature are known and fixed which basically 

explains the trend in Figure 4.2.  

An increase in the exhaust outlet temperature will definitely increase the LMTD value which 

can be seen using Eq. 6. Increased LMTD negatively affects the overall heat transfer coefficient 

due to their irreversible proportional relationship as shown in equation 4.5. More so, the 

effectiveness is the ratio of the thermal oil heat gained to the product of the temperature 

difference between the exhaust and oil inlet temperatures and the product of the specific heat 

capacity and mass flow rate of the exhaust. Therefore, the exhaust flow rate is inversely 

proportional to the heat exchanger effectiveness, hence an increase in the exhaust flow rate 

negatively affects the heat exchanger effectiveness as seen in Figure 4.2. 

Effect of oil flow rate variation  

A similar investigation was carried out to find out the effect of varying thermal oil flow rate at 

different exhaust flow rates with their associated minimal thermal oil inlet temperature. Figure 

4.3 and 4.4 shows the impact thermal oil flow rate had on the heat exchanger performance at 

the different exhaust flow rate.
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Figure 4.3 Effect of oil flow rate on heat exchanger performance 
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Figure 4.4 effect of oil flow rate on effectiveness, heat gained, and overall heat transfer
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Figures 4.3 and 4.4 showed that an increase in the thermal oil flow rate at the different exhaust 

flow rate increases the thermal oil heat gained, heat exchanger effectiveness and overall heat 

transfer coefficient. This is due to the fact the heat gain is a product of the mass flow rate, 

specific heat capacity, and the temperature difference between the outlet and inlet, and since 

every other parameter is fixed any increase in the mass flow rate will definitely increase the 

heat gained by the thermal oil. More so, the effectiveness is a ratio of the thermal oil heat gain 

to the maximum heat transferable. Hence, an increase in the thermal oil heat gain will lead to 

an increase in the efficiency. Furthermore, the heat gained by the thermal oil is directly 

proportional to the overall heat transfer coefficient as seen in Eq. 4.5 which explains the 

increase in overall heat transfer in Figures 4.3 and figure 4.4 as the heat gained by the thermal 

oil increases. The exhaust heat is also a product of the mass flow arte, specific heat capacity 

and temperature difference between the outlet and the inlet as shown in Eq. 4.2. The exhaust 

flow rate and inlet temperatures are fixed, therefore, an increase in the heat will definitely 

reduce the exhaust outlet temperature which will further reduces the LMTD value as seen in 

Figures 4.3 and 4.4. The reduction in the exhaust outlet temperature also explains the increased 

heat gained in the exchanger in that the residence time of the cathode exhaust heat in the 

exchanger was higher thereby transferring more heat to the thermal oil. 

From the ongoing parametric analysis, it has been shown that mass flow rate increase of thermal 

oil positively affects both the heat transfer rate and heat exchanger effectiveness, and the 

overall heat transfer coefficient. On the other hand, increasing the cathode exhaust flow rate 

negatively affects the effectiveness but increases the exhaust outlet temperature and the LMTD 

value. Table 4.3 shows a comparison of the heat exchanger performance at three different 

cathode exhaust flow rates and oil inlet temperatures. The inlet temperature of the thermal oil 

at exhaust flow rate of 0.00453 kg/s was 430 K, while it was 419 and 423 K respectively at 
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exhaust flow rates of 0.0057 and 0.039 kg/s. The oil outlet and exhaust inlet temperatures for 

the three exhaust flow rates were set at 473 and 873 K, respectively. The oil mass flow rate 

was kept constant at 0.02 kg/s 

Table 4.3 Optimised operating conditions for the DPHX at different exhaust flow rates 

 

Parameter 

Value at different Cathode exhaust flow rate 

0.00453 kg/s 

(3.698 L/s) 

0.0057 kg/s 

(4.653 L/s) 

0.06 kg/s 

(48.98 L/s) 

Oil flow rate (kg/s) 0.02 0.02 0.02 

Oil inlet temperature( K) 430 419 423 

Oil outlet temperature (K) 473 473 473 

Exhaust inlet temperature (K) 873 873 873 

Exhaust outlet temperature (K) 478.9 479.7 838.4 

Oil heat gained (Kw) 1.978 2.484 2.3 

Effectiveness (%) 88.96 86.63 12.14 

Overall heat transfer (W/m2-K) 
252.3 302.6 75.15 

 

There was improvement in the heat exchanger effectiveness and overall heat transfer 

coefficient of 86.4% and 70.2% respectively at 0.00453 kg/s cathode exhaust flow rate as 

against those at 0.038kg/s, while it was 85.99% and 75.2% respectively at 0.0057 kg/s exhaust 

flow rate. It can also be seen in Table 3 that the overall heat transfer coefficient at 0.00453 kg/s 

exhaust flow rate was lower than that at 0.0057 kg/s though with a 2.6 % higher effectiveness. 

This is due to the reduced heat gained by the thermal oil from 2.3 kW to 1.978 kW. The heat 

exchanger is not used at its maximum capacity at exhaust flow rate of 0.038 kg/s, hence it 

would be ideal to use exhaust flow rate of 0.0057 kg/s due to the increased effectiveness, overall 

heat transfer, and even increased oil heat gained by 7.41 %. 
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4.2  Modelling of the rectifier/vapour separator 

The rectifier is a hollow concentric cylinder with helical coil running through it. When the 

solution pump is turned on, the ammonia-water solution flows into the rectifier through the 

helical coil at one end and leaves at the other end of the coil. The hot pure ammonia vapour 

flowing in the shell upward (parallel flow) transfers the heat to the solution. By so doing, the 

solution leaves the rectifier at higher temperaturse and flows to the desorber thereby reducing 

the amount of heat needed at the desorber. This design is unique as it serves as the solution 

heat exchanger and vapour separator at the same time. It has high resistance to flow induced 

vibrations, accommodates thermal expansion and is compact due to the coiled nature of the 

inner tube. The NH3-H2O solution flowing in the coiled tube experiences secondary flow as 

depicted in Fig. 4.5. This flow has high ability to enhance heat transfer which depends on the 

tube and coil diameters [111]. 

 

Figure 4.5 Schematic of rectifier with flows [112]. 
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A centrifugal force is experienced by the fluid due to the shape of the coil in the heat exchanger 

(HX) depending on the local axial velocity as in Fig. 4.5b [112]. On the other hand, the fluid 

close to the tube wall experiences lower velocity compared to that in the coil due to the 

boundary layer, hence, the NH3-H2O solution in the coil is pushed outwards thereby 

recirculating counter-current vortices are formed as in Fig. 4.5c. The heat exchanger with 

assumptions is as shown in Fig. 4.6 and it is made of stainless steel. 

 

Figure 4.6 Schematic of rectifier heat exchanger with geometric assumptions. 

 

For the purpose of this study, taking into account the working pair used, the rich or strong 

solution flows downward from top to bottom inside the helical coiled tube while hot pure 

ammonia flows upward in the shell side. It is assumed that when the ammonia-water vapour 

enters the rectifier from the desorber, the water vapour is separated and leaves from the bottom 
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of the rectifier while only pure ammonia vapour flows up the shell.  Heat is transferred from 

the hot pure ammonia vapour to the strong solution in the coiled tube through the walls of the 

tube thereby increasing its temperature as it exits the rectifier and flows into the desorber. Since 

the strong solution enters the desorber at higher temperature, it will need less heat input from 

the thermal oil flowing at the other side of the desorber to evaporate the ammonia from the 

solution. The rectifier in this regard acts both as a solution heat exchanger and vapour separator. 

Table 4.4 shows the rectifier design parameters while Table 4.5 gives a summary of the 

equations used for the modelling of the rectifier  

 

Table 4.4 Rectifier design parameters. 

Parameter Value 

Outside tube diameter Do (mm) 6 

Average helix diameter DH (mm) 58 

Height of cylinder H (mm) 400 

Inner tube diameter Di (mm) 4 

Outside diameter of inside cylinder B(mm) 42.4 

Inside diameter of outer cylinder C (mm) 70.3 

 

The following assumptions were made for the modelling of the rectifier. 

1) ammonia-water solution enters the rectifier from the desorber. 

2) only ammonia vapour flows upward into the condenser. 

3) weak ammonia solution (low in ammonia concentration) leaves the rectifier and back flows into 

the absorber. 
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Table 4.5 Equations used for the modelling of the rectifier [111]–[113]. 

Parameter Formula 

Length of coil in cylinder 𝐿 = 𝑁√(2𝜋𝑟)2 + 𝑃2 

Volume occupied by coil in cylinder 
𝑉𝑐 =

𝜋𝐷𝑜
2𝐿

4
 

Volume of shell side 𝑉𝑎 =
𝜋

4
(𝐶2 + 𝐵2)𝑃𝑁 

Volume for fluid flow in shell side 𝑉𝑓 =  𝑉𝑎 −  𝑉𝑐 

Equivalent diameter of coiled tube 
𝐷𝑒 =

4𝑉𝑓

𝜋𝐷𝑜𝐿
 

Nusselt number at Reynolds 50 ≤ 10,000 𝑁𝑢𝑠𝑠 = 0.6𝑅𝑒0.5𝑃𝑟0.31 

Nusselt number at Reynolds >10000 
𝑁𝑢𝑠𝑠 = 0.36𝑅𝑒0.55𝑃𝑟0.333 (

𝜇

𝜇𝑝
)

0.14

 

Reynolds number at shell side 
𝑅𝑒 =

𝐺𝐷𝑒

𝜇
 

Mass velocity  G = 4M/ (C2 –B2) –(DH2
2 – DH1

2)  

Prandtl number 
𝑃𝑟 =

𝐶𝑃𝜇

𝐾
 

Heat transfer coefficient at shell side 
ℎ𝑜 = 0.6𝑅𝑒𝑎

0.5𝑃𝑟𝑎
0.31

𝐾𝑎

𝐷𝑒
 

Heat transfer coefficient at coil side  
ℎ𝑖𝑜 = ℎ𝑖𝑐

𝐷𝑖

𝐷𝑜
 

Corrected heat transfer coefficient based on 

inside coil diameter 
ℎ𝑖𝑐 = ℎ𝑖 [1 + 3.5

𝐷𝑖

𝐷𝐻
] 

Heat transfer coefficient based on coil inside 

diameter 
ℎ𝑖 = 𝑗𝐻1𝑃𝑟𝑠

0.333
𝐾𝑠

𝐷𝑖
 

Overall heat transfer coefficient   
   1 

𝑈
 = 

1

ℎ𝑜
 + 

1

ℎ𝑖𝑜
 + 

𝑥

𝑘𝑐
 + Rt + Ra 

Heat transfer rate 𝑄 = 𝐴𝑈𝐿𝑀𝑇𝐷 

Heat transfer area                A =  Do L 

Height of cylinder            𝐻 = 𝑁𝑃 + 𝐷𝑜 
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Where  

P          pitch (spacing between consecutive coil turns.) 

N number of coil turns 

C inside diameter of outer cylinder 

B outside diameter of inner cylinder 

μ dynamic viscosity of fluid 

μp dynamic viscosity of wall 

DH1 inside diameter of helix for by coil 

DH2 outside diameter of helix formed by coil 

M mass flow rate 

Di inside diameter of coil 

Do outside diameter of coil  

jHi Colburn factor 

Rt tube side fouling factor 

Ra shell side fouling factor 

 

In the rectifier, the heating fluid being ammonia vapour circulates over the wall of the coiled 

tube that is fitted in the shell and its flow rate is low compared to the heated fluid.The above 

equations were solved simultaneously using Engineering Equation Solver (EES) and Table 4.5 

gives the results from the mathematical modelling.    
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Table 4.6 Rectifier model results. 

Parameter Value 

Shell side ho 55.93 W/m2-K 

coil side hio 465.8 W/m2-K 

 Overall heat transfer coefficient Uo 49.76 W/m2-K 

 HX effectiveness     Ԑ 58.33% 

 

4.2.1 Effect of Operating Conditions 

There is need to know how influential some operating parameters may be on the performance 

of the rectifier hence this section looks into different parameter variation. 

Variations of ammonia vapour inlet and outlet temperature 

It is pertinent to understand the effect of changing various parameters on the others in order to 

know the maximum possible operating band of the rectifier. In view of this, some parameters 

were varied while keeping others constant. 

As the two fluids flow in opposite direction in the rectifier there is transfer of heat between the 

two fluids. As the cold ammonia-water solution is pumped into the coil in the rectifier it is 

heated by the pure ammonia which is flowing in the opposite direction in the shell side to the 

condenser.  

As depicted in Figure 4.7a, increasing the inlet temperature of the ammonia vapour (hot fluid) 

going into the rectifier from the desorber increases the heat transfer rate. Increased heat transfer 
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means that the rectifier can transfer more heat from the shell side to the ammonia-water solution 

in the coil tube thereby increasing the effectiveness of the rectifier. 

 

 

Figure 4.7 Ammonia inlet/outlet temperature effect on heat transfer and effectiveness. 

 

This can be best verified in the relation for heat transfer rate and effectiveness as given in 

equations 4.1 and 4.16 respectively 
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As can be seen from equation 4.1, as the inlet temperature increases the heat transfer rate 

increases which increases the effectiveness as it is the ratio of the actual heat transfer to the 

maximum transferable heat. 

On the other hand, increasing the outlet temperature reduces the heat transfer rate as it depends 

on the temperature difference between the inlet and the outlet. This subsequently reduces the 

effectiveness of the rectifier as there is less heat available to be absorbed. This is depicted in 

Figure 4.7b 

Effect of mass flow rate on heat transfer 

Figure 4.8 depicts the effect of either increasing or decreasing the mass flow on both sides on 

the local heat transfer and overall heat transfer coefficient. Increasing the mass flow of the shell 

side fluid (ammonia vapour) increases the local heat transfer on the shell side and consequently 

the overall heat transfer coefficient as shown in Fig. 4.8a. The same pattern is seen in the coil 

side when the mass flow rate of the ammonia-water solution is increased as in Fig. 4.8b 



Chapter 4 

 
 

4-24 
 

 

 

Figure 4.8 Variation of fluid flow rate with heat transfer. 
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4.2.2 Effect of design parameters 

This section looks into the effect of varying the design parameters of the rectifier  

Effect of helix diameter of the coiled tube on heat transfer 

The helix diameter is the helical shape formed by the coiled tube in the shell. As can be seen 

in Figure 4.9, increasing the helix diameter reduces the coil side heat transfer but increases the 

overall heat transfer coefficient. This is because; as the helix diameter increases, the space 

between the coil and the inner cylinder becomes small. This area is inversely proportional to 

the overall heat transfer coefficient, hence the increase in the overall heat transfer coefficient. 

 

Figure 4.9 Variation of helix diameter with overall heat transfer coefficient. 
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Effect of coiled tube diameter variation 

Varying either the inner (Di) or outer diameter (Do) of the coiled tube has effects on the heat 

transfer in the rectifier. As seen in figure 4.10a, an increase in the outer diameter causes an 

increase in the shell side heat transfer while that at the coil side reduces. On the other hand, the 

increase in the outer tube diameter enhances the overall heat transfer coefficient of the rectifier 

as shown in Figure 4.10b. More so, an increase in the coil inner diameter enhances both the 

coil side heat transfer and the overall heat transfer coefficient as depicted in figure 4.10c. This 

is because, as the outer tube diameter increases the space in the shell side is reduced thereby 

less time in getting contact with the coil wall, greater time to transfer heat to the fluid in the 

coiled tube due to the increase in the coil thickness resulting from the outer diameter increase. 
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Figure 4.10 Variation of coil tube diameter on heat transfer
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Effect of pitch variation 

The pitch is the distance between two consecutive turns of the coil in the rectifier and varying 

it has an effect on several parameters. Figure 4.11a shows that increasing the pitch has an 

adverse effect on the local heat transfer and that of the overall heat transfer coefficient in that 

it results in the reduction of both coefficients. 

 

Figure 4.11 Pitch variation with local heat transfer, overall heat transfer coefficient, coil 

length and number of turns. 
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It is pertinent to note that pitch variation affects the number of turns and the length of the coiled 

tube. This is because any increase causes the number of turns and subsequently the length of 

the coiled tube to reduce as shown in Figure 4.11b while, keeping all other parameters constant. 

As depicted in Figure4.11b, the reduction in the coil number of turns and length becomes small 

as the pitch increases and will become insignificant above 50 mm in the case analysed. 

Effect of outer cylinder on overall heat transfer 

Figure 4.12 shows the effect of the variation of the outer cylinder diameter on the overall heat 

transfer, shell heat transfer and volume for NH3 gas/vapour flow. It can be seen that as the 

diameter is increased the volume available for the fluid flow increases due to the increased 

annulus area. On the other hand, increasing the diameter reduces the heat transfer at the shell 

side and subsequently the overall heat transfer coefficient. This is because, the increased area 

gives longer time for the heat in the fluid to move towards the coil and transfer same thereby 

causing a reduction in the heat transfer and overall heat transfer, respectively. 

 

Figure 4.12 Effect of outer cylinder diameter on heat transfer. 
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4.3  Numerical Modelling of the absorber 

Vapour absorption systems are made up of a generator, rectifier, condenser, evaporator and 

absorber as their main components depending on the working pair used in the system. The 

absorber is one of the most important components in the system because the system 

performance, sizing and cost depends on it, hence much attention is given to its research, 

development and manufacture [114].  The two types of absorbers mostly studied are the falling 

film and bubble type absorber, with ammonia-water as the working pair. During the absorption 

of ammonia into water in the absorber there is simultaneous heat and mass transfer that occurs 

from the beginning to the end which is complex, therefore studied thoroughly. The bubble type 

absorber has been proven to be better than the falling film type because of its better vapour 

distribution and high heat and mass transfer coefficients [115]. A model built to analyse the 

performance in terms of heat and mass transfer during the absorption process in absorbers in 

both falling film and bubble mode reveals the superiority of the bubble type. A plate heat 

exchanger with offset strip fin (OSF) in the coolant side was used for the analysis and 

parametric analysis carried out by Kang et al. [116]. Results showed that the heat exchanger 

size could be reduced to about 48.7% in the bubble mode compared to that in falling film mode 

because the rate at which ammonia was absorbed into water was always higher in the bubble 

mode. 

Mathematical studies of bubble mode absorbers have been carried out by Fernandez-Serra 

[115] to investigate the simultaneous mass and heat transfer during the absorption process in a 

water cooled shell and tube absorber. The authors developed a differential mathematical model 

to analyse the process based on mass and energy balances and heat and mass transfer equations 

using finite-difference method. The model took into account the different flow patterns that 
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usually occur in bubble absorbers. Results showed that the absorption process occured faster 

in the lower regions than the upper part of the absorber. Ferreira et al. [117] conducted an 

experiment using a glass tube as the absorber which was water cooled and developed a 

mathematical model describing the absorption process in vertical tubular absorbers. In this 

study, the authors neglected the mass transfer that takes place during the absorption process 

and only studied the concentration and temperature behaviour along the tubes. They conducted 

two types of experiment, one without heat removal and the second with heat removal and 

compared the results with those from literature. 

As stated earlier, the absorber contributes considerably to the cost, size and performance of the 

vapour absorption system. The cost and size will also depend on whether the absorber is water 

cooled or air cooled. Water cooled absorbers are more expensive as a cooling tower is required 

and the complexity of the system increases. In order to avoid these complexities, Fernández-

Seara et al. [118] carried out a modelling study on a vertical tubular absorber that was air cooled 

with ammonia-water as the working pair . In their study, it was assumed that a bank of finned 

tubes are arranged vertically in a staggered form and a fan is used to force air over the tubes to 

effect heat removal from their surfaces as shown in Fig. 4.12c . Fig 4.13b shows the stages of 

the different types of flow in vertical tubular absorber with the slug flow region having bullet 

shaped bubbles normally referred to as Taylor bubbles.  
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Figure 4.13 Bubble formation and disappearance during absorption with flow regions and 

phases [119]. 

 

The vapour is introduced at the bottom of the tube through a nozzle and leaves as a bubble 

while in contact with the liquid solution (churn flow), it later forms a bullet shape in the slug 

region as depicted in Figure 4.13a. It then progresses to the bubbly region where it is completely 

dissolved in the liquid. Fig. 13b shows that two phase flow exists only at the churn and slug 

regions while a single phase takes place in the bubbly region.  

The vertical air cooled absorber is made up of a bundle of tubes in rows (four in this case) in 

staggered form in the direction of air flow as depicted in Fig.4.14, and externally finned with 

plate fins. The ammonia vapour and the weak solution (low ammonia content in water) are 

introduced into the absorber at the bottom and circulate co-currently upward during which the 

ammonia get absorbed into the weak solution and leaves with the strong solution at the top of 

the tubes.  
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Figure 4.14 Schematic of air-cooled vertical tubular absorber [120]. 

 

As in Fig.4.14, the ammonia vapour enters at the bottom of the absorber and is introduced into 

the tubes via the nozzles while the weak ammonia-water solution enters through the space 

between the nozzles and the tubes. Both get in contact and mix, causing increased absorption 

from the bottom to the top. The process is complete when the ammonia vapour is fully absorbed 

in the liquid solution and the formed strong solution is removed from the top. The heat 

produced in the tubes during the absorption process is removed by the air provided by the fan 

which flows in cross section to the absorption process and in between the fins. Fig 4.15a and 

4.15b show a schematic of the tube arrangement with geometrical parameters characterising 

the tubes and fins. 
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Figure 4.15 Geometrical parameters of tubes and fins with tube arrangement [118]. 

     

The absorber tubes are segmented into a number of incremental elements equal to the number 

of fins per tube with each discrete element comprising of corresponding portions of tube and 

fin as indicated in Fig. 4.15b, with table 4.6 showing the dimensions and descriptions of 

parameters. 

A mathematical model has been developed on the basis of mass and energy balances and heat 

and mass transfer equations using a distributed mathematical modelling method and applied to 

each discrete element of fin and tube taking into account the churn, slug and bubbly flow 

patterns separately. The model takes into cognisance the simultaneous heat and mass transfer 

that take place in the liquid and vapour phases and the heat transfer to the cooling air through 

the finned tube. 
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Table 4.7 Geometrical and material properties of the absorber 

Parameter Value 

Absorber length (m) 1.1 

Inner tube diameter dwi (m) 0.022 

Outer tube diameter dwo (m) 0.025 

Fin spacing Sf (m) 0.006 

Fin thickness tf (m) 0.00045 

Fin height Hf (m) 0.02 

Number of rows 4 

Number of tubes  60 

Transversal tube spacing St (m) 0.05 

Longitudinal tube spacing Sf (m) 0.0433 

Nozzle diameter (m) 0.009 

Tube wall thermal conductivity ( W/mK) 13 

Fin thermal conductivity (W/mK ) 204 

 

 

The following assumptions were made in building the mathematical model [114], [115], [118], 

[121]  

i. There is constant absorber pressure and the absorption process is in steady state. 

ii. The interface is at equilibrium hence no chemical reaction takes place at the interface. 

iii. Liquid and gas are at equilibrium at the interface. 

iv. Coolant, liquid and vapour properties are assumed constant at each discrete element. 
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v. No direct heat transfer between cooling air and vapour 

vi. Heat transfer between tubes and fins is neglected.  

vii. No bubble break up and coalescence. 

viii. Air velocity around absorber is in a homogenous distribution. 

 

The initial condition of the vapour and liquid were known and each tube was divided into a 

number of elements and incremental length equal to the fin spacing as shown in Figure 14b. A 

tube was selected to represent each row and the incremental elements solved from bottom to 

the top until the absorption process is complete. In each element, the outlet conditions were 

solved based on the initial inlet conditions. The outlet conditions of each solved element served 

as the inlet condition for the next consecutive element in the representative tube row, and this 

process continued until the absorption process was complete. 

The cooling air outlet conditions of the first element serve as the inlet for the second row and 

the same procedure used in solving the elements of the first row was applied to solve those in 

the second row. This pattern was carried out on the third and fourth rows to complete the entire 

process. In each element, the mass and heat transfer equations, mass, concentration and energy 

balances were solved simultaneously to get the outlet conditions for the churn, slug and bubbly 

flow. 

4.3.1 Development/formulation of mathematical equations 

This section describes the method and procedures used in developing the mathematical 

equations for the absorber calculation. Fig. 4.16 shows the different types of flow patterns in 

the tube with churn flow existing just at the entrance, slug flow rising as bubbles with bullet 
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shape and later turning into small spherical bubbles in the bubbly region and eventually 

vanishing into the liquid.  

 

Figure 4.16 Flow profiles in vertical tubular absorber 

The slug flow pattern is separately shown in Fig.4.17  with yb, yL, Uv, ri, VLf and  being the 

Taylor bubble length, distance between two Taylor bubbles, bubble rising velocity, interfacial 

radius, mean liquid film velocity and film thickness, respectively.    

 

 

Figure 4.17 Schematic of slug flow region. 
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The concentration gradient in the vapour and liquid phases causes molecular diffusion, which 

in  combination with the bulk transport of material through the interface results in mass transfer 

between the vapour and liquid phases [115]. Table 4.7 gives the basic formulated equations 

used for the mathematical model. 

Where  

Ref,   film Reynolds number 

Sc,   Schmidt number 

Pr   Prandtl number 

D  mass diffusivity 

𝑀̅  molecular weight  

Ti  interface temperature 

Tvb  bulk vapour temperature 

TLb       bulk liquid temperature 

dwi  tube inner diameter 

dwo  tube outer diameter 

𝜂𝑓  fin efficiency 
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Table 4.8 Mathematical equations for absorber modelling [109], [118], [121]–[125] 

Parameter Formula 

Ratio of ammonia molar flux to total molar 

flux 
𝑧 =  

ṅ𝑁𝐻3

ṅ
 

Ammonia molar flux from bulk vapour to 

interface 
ṅ𝑁𝐻3𝑣 =  𝐹𝑣𝑧𝑙𝑛 [

𝑧 − 𝑥̅𝑣𝑖

𝑧 − 𝑥̅𝑣𝑏
] 

Ammonia molar flux from interface to liquid 
ṅ𝑁𝐻3𝐿 =  𝐹𝐿𝑖𝑧𝑙𝑛 [

𝑧 − 𝑥̅𝐿𝑏

𝑧 − 𝑥̅𝐿𝑖
] 

Mass transfer coefficient in liquid phase 

𝐹𝐿𝑖 = 0.01099𝑅𝑒𝑓
0.3955𝑆𝑐𝐿

0.5
𝐷𝐿𝑀̅𝐿

𝜌𝐿
⌊
𝑔𝜌𝐿

2

𝜇𝐿
2 ⌋

1
3⁄

 

Mass transfer coefficient in vapour phase 𝐹𝑣 =
𝛼𝑣

𝑐𝑝𝑣𝑀̅𝑣 ⌈
𝑆𝑐𝑣

𝑃𝑟𝑣
⌉

2
3⁄
 

Mass flux of ammonia 𝑚̇𝑁𝐻3 = 𝑛̇𝑁𝐻3𝑀̅𝑁𝐻3 

Mass flux of water 𝑚̇𝐻2𝑂 = 𝑛̇𝑁𝐻3𝑀̅𝑁𝐻3 + 𝑛̇(1 − 𝑧)𝑀̅𝐻2𝑂 

Heat transfer from bulk vapour to interface 
𝜑𝑣 = 𝛼𝑣 ⌈

𝑐𝑣

1 − 𝑒𝑥𝑝−𝑐𝑣
⌉ (𝑇𝑣𝑏 − 𝑇𝑖) 

Heat transfer from interface to bulk liquid 
𝜑𝐿 = 𝛼𝐿𝑖 ⌈

𝑐𝐿

1 − 𝑒𝑥𝑝−𝑐𝐿
⌉ (𝑇𝑖 − 𝑇𝐿𝑏) 

Heat transfer coefficient at vapour phase 
𝛼𝑣 = 7.415

𝐾𝑣

𝑑𝑤𝑖
 

Heat transfer coefficient at liquid phase 
𝛼𝐿𝑖 = 𝐹𝐿𝑖𝑐𝑝𝐿𝑀̅𝐿 ⌈

𝑆𝑐𝐿

𝑃𝑟𝐿
⌉

2
3⁄

 

Heat transfer correction factor 
𝑐 =

𝑚̇𝑁𝐻3𝐶𝑝𝑁𝐻3 + 𝑚̇𝐻2𝑂𝐶𝑝𝐻2𝑂

𝛼
 

Overall heat transfer coefficient 1

𝑈𝑜
=

∆𝐴𝑐

𝛼𝐿𝑤 ∆𝐴𝐿
+

∆𝐴𝑐

2𝜋𝑘𝑤𝑆𝑓
𝑙𝑛

𝑑𝑤𝑜

𝑑𝑤𝑖
+

1

𝛼𝑐𝜂
 

Heat transfer coefficient between liquid phase 

and inner tube wall 
𝛼𝐿𝑤 =

1.88𝑘𝐿

0.91𝑅𝑒
𝑓

1
3⁄

⌈
𝜇𝐿

2

𝑔 𝜌𝐿
2⌉

1
3⁄
 

Heat transfer coefficient between outer tube 

wall and cooling air 𝛼𝑐 = 0.134 𝑅𝑒𝑎
−0.319 ⌈

𝑆𝑓

𝐻𝑓
⌉

0.2

⌈
𝑆𝑓

𝑡𝑓
⌉

0.11

 

Element inner tube area ∆𝐴𝐿 = 𝜋𝑑𝑤𝑖𝑆𝑓 

Element outer surface area ∆𝐴𝑐 = 𝜋𝑑𝑤𝑜(𝑆𝑓 − 𝑡𝑓) + ∆𝐴𝑓 

Overall outer surface efficiency 
𝜂 = 1 −

∆𝐴𝑓

∆𝐴𝑐
(1 − 𝜂𝑓) 

Element fin area  
∆𝐴𝑓 = 2 ⌈𝑆𝑡𝑆𝑙 −

𝜋𝑑𝑤𝑜
2

4
⌉ 
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The fin efficiency is calculated with Eq. 4.21 

𝜂𝑓 =
𝑡𝑎𝑛ℎ√

2𝛼𝑐
𝑘𝑓𝑡𝑓

 𝑅𝜙

√
2𝛼𝑐

𝑘𝑓𝑡𝑓
 𝑅𝜙

                Eq.4.21 

Where kf, tf, and R, are fin thermal conductivity, fin thickness, and tube outer radius. 

Mass, concentration and energy balances over the control volume in figure 15 are calculated 

from Eqs. 4.22, 4.23, and 4.24 for the vapour phase while those for the bulk liquid phase are 

determined from Eqs. 4.25, 4.26, and 4.27:  

∆𝑀̇𝑣 = −𝑚̇𝑡𝑜𝑡𝑎𝑙∆𝐴𝑖                              Eq. 4.22 

∆𝑀̇𝑣𝑥𝑣 = −𝑚̇𝑁𝐻3∆𝐴𝑖                         Eq. 4.23 

∆𝑀̇𝑣ℎ𝑣 = −(𝑚̇𝑁𝐻3ℎ𝑣𝑁𝐻3 + 𝑚̇𝐻2𝑂ℎ𝑣𝐻2𝑂 + 𝜑𝑣)∆𝐴𝑖                     Eq. 4.24 

∆𝑀̇𝑣 = −∆𝑀̇𝐿                          Eq. 4.25 

∆𝑀̇𝑣𝑥𝐿 = −∆𝑀̇𝐿𝑥𝐿                         Eq. 4.26 

∆𝑀̇𝐿ℎ𝐿 = −∆𝑀̇𝑣ℎ𝑣 − 𝜑𝑐∆𝐴𝑐                        Eq. 4.27 

Where ∆Ai is the heat and mass transfer area between the liquid and vapour phases and is 

determined from Eq. 4.28 

∆𝐴𝑖 = 𝑎𝑒𝑠𝑝𝑆𝑓
𝜋−𝑑𝑤𝑖

2

4
                         Eq. 4.28 

and aesp is the specific interfacial area which must be determined for the three flow regions 

In the churn flow, it is assumed that the flow is laminar at the entrance and it is investigated as 

an annular flow model as described in [126]. The interfacial radius ri, and mean velocity VLf 
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are calculated iteratively from Eq. 4.29, 4.30, 4.31, and 4.32 where VLi is the interfacial liquid 

velocity and  𝛥𝑃/𝛥𝑍 is the static pressure drop 

 

𝑀̇𝐿𝑓 = 𝜋𝜌𝐿 [(
∆𝑃

∆𝑍
+ 𝜌𝑣𝑔) (

𝑟𝑤− 
2 𝑟𝑖

2

8𝜇𝐿
) + (

𝜌𝐿−𝜌𝑣

8𝜇𝐿
) [(𝑟𝑤

2 − 𝑟𝑖
2)2 + 2𝑟𝑖

2 (𝑟𝑖
2 − 𝑟𝑤

2 + 2𝑟𝑖
2𝑙𝑛

𝑟𝑤

𝑟𝑖
)]]   
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∆𝑍
= [

1

𝑟𝑖
4

16𝜇𝑣
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𝑟𝑖
2(𝑟𝑤

2 −𝑟𝑖
2)

8𝜇𝐿

] [(
𝑀̇𝑣
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2
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2 − 𝑟𝑖
2 + 2𝑟𝑖

2𝑙𝑛
𝑟𝑖

𝑟𝑤
)] − 𝜌𝑣𝑔                           Eq.4.30 

𝑉𝐿𝑖 = (
𝑟𝑤

2 −𝑟𝑖
2

4𝜇𝐿
) (

∆𝑃

∆𝑍
+ 𝜌𝑣𝑔) + (

𝑔(𝜌𝐿−𝜌𝑣)

4𝜇𝐿
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2𝑙𝑛
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𝑟𝑤
)                   Eq. 4.31 

𝑉𝐿𝑓 =
𝑉𝐿𝑖

2
+ (

(𝜌𝐿−𝜌𝑣)𝑔𝑟𝑖
2

8𝜇𝐿
) [2 −

𝑟𝑤
2 +𝑟𝑖

2

𝑟𝑤
2 −𝑟𝑖

2] 𝑙𝑛 (
𝑟𝑖

𝑟𝑤
)

2

                     Eq. 4.32 

 

The specific interfacial area in the churn flow is determined with Eq. 4.33 

𝑎𝑒𝑠𝑝 =
2𝑟𝑖

𝑟𝑤
2                           Eq. 4.33 

In the slug flow region the vapour phase rises in the form of bullet shaped bubbles and is 

assumed to have a-half sphere nose and a cylindrical body as shown in Fig.4.17. The interfacial 

radius ri and the mean velocity of the liquid film VLf in this region are calculated iteratively 

with Eqs. 4.34, 4.35, and 4.36 [115]. 

𝑈𝑣𝑟𝑖
2 − 𝑉𝐿𝑟𝑤

2 = 𝑉𝐿𝑓(𝑟𝑤
2 − 𝑟𝑖

2)                      Eq.4.34.
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8𝜇𝐿
]                 Eq. 4.35 
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∆𝑃

∆𝑍
= [

1

𝑟𝑖
4

16𝜇𝑣
+

𝑟𝑖
2(𝑟𝑤

2 −𝑟𝑖
2)

8𝜇𝐿

] [(𝑈𝑣
𝑟𝑖

2

2
+

(𝜌𝐿−𝜌𝑣)𝑔𝑟𝑟𝑖
2

8𝜇𝐿
) (𝑟𝑤

2 − 𝑟𝑖
2 + 2𝑟𝑖

2𝑙𝑛
𝑟𝑖

𝑟𝑤
)] + 𝜌𝑣𝑔                 Eq. 4.36 

 

Where Uv, the mean bubble rise velocity, and VL, the total volume flux, are determined with 

Eq. 4.37 and 4.38, respectively. 

𝑈𝑣 = 1.2
𝑉̇𝑣+𝑉̇𝐿

𝐴𝑡
+ 0.35 [

𝑔𝑑𝑤𝑖(𝜌𝐿−𝜌𝑣)

𝜌𝐿
]

1
2⁄

                      Eq. 4.37 

   𝑉𝐿 =
𝑉̇𝑣+𝑉̇𝐿

𝐴𝑡
                       Eq. 4.38 

Where 𝑉̇𝑣 ,  𝑉̇𝐿, and At  are the volumetric flow rate of the vapour, volumetric flow rate of the 

liquid and the tube cross sectional area respectively,  

The length of the bubble yb, and the separation distance between two Taylor bubbles are 

evaluated with Eqs. 4.39, and 4.40, respectively 

𝑦𝑏 = [
𝑀̇𝑣

𝜌𝑣𝑁̇𝑏
+

𝜋𝑟𝑖
2

3
] (

1

𝜋𝑟𝑖
2)                        Eq. 4.39 

𝑦𝐿 = [
𝑈𝑣

𝑁̇𝑏
− 𝑦𝑏]                         Eq. 4.40 

Where ρv, Ṁv, and Ṅb are the vapour density, mass flow rate of the vapour and bubble 

frequency. The bubble frequency used here is that experimentally determined in [127] and is 

set to a value of 𝑁̇𝑏 = 3 

The slug flow void fraction, terminal velocity and specific interfacial area are determined from 

Eqs. 4.41, 4.42 and 4.43, respectively 

𝜀 =
𝑈𝑣𝑠

𝐶𝑜𝑈𝑣+𝑈∞
                                                Eq. 4.41 
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                      𝑈∞ = 0.35 [
𝑔𝑑𝑤𝑖(𝜌𝐿−𝜌𝑣)

𝜌𝐿
]

1
2⁄

                     Eq. 4.42 

                      𝑎𝑒𝑠𝑝 =
2𝑟𝑖𝑦𝑏+0.1𝑟𝑖

2

𝑟𝑖
2(𝑦𝑏−𝑦𝐿)

                                 Eq. 4.43 

Where Co, Uvs, 𝑈𝐿𝑠 are constant gas superficial velocity and liquid superficial velocity and are 

determined with Eqs. 4.44, 4.45, and 4.46 

𝐶𝑜 = 1.2 − 0.2 [
𝜌𝑣

𝜌𝐿
]

1
2⁄

                       Eq. 4.44 

𝑈𝑣𝑠 =
(1−

4𝛿

𝑑𝑤𝑖
)

𝐴𝑡
 𝑈𝑣                         Eq. 4.45 

𝑈𝐿𝑠 =
(1−

4𝛿

𝑑𝑤𝑖
)𝑈𝑣−𝑉̇𝑣−𝑉̇𝐿

𝐴𝑡
                        Eq. 4.46 

 

On the other hand, the specific interfacial area and the average bubble radius in the bubbly flow 

region are determined from Eqs. 4.47 and 4.48, respectively, with the bubble frequency in this 

case set to 1.5 

                                                   𝑎𝑒𝑠𝑝 =
4𝑟𝐵

2

𝑟𝑤
2  𝑍𝐵

           Eq.4.47

                           𝑟𝐵 = [
𝑀̇𝑣

2 𝜋 𝜌𝑣
]

1
3⁄

                                          Eq. 4.48 

Where ZB is the bubble separation distance and given by Eq. 4.49 

                                               𝑍𝐵 =
𝑉𝐵

𝑁̇𝑏
                                Eq. 4.49 

Here, 1.5 is the bubble frequency, Ṅb, and VB is the single bubble rise velocity in bubbly flow 

determined with Eq. 4.50. This is based on the assumption that the bubble behaves as a solid 

sphere [128]: 
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𝑉𝐵 = 𝑉∞ [1 +
2.4𝑟𝐵

 𝑟𝑣
]

−1

                         Eq. 4.50 

Where 𝑉∞ is the terminal rise velocity determined with Eq 4.51 by applying the Stokes solution 

assuming a single isolated smallest bubble [129]. 

𝑉∞ =
2𝑟𝐵𝑔(𝜌𝐿−𝜌𝑣)

𝑔𝜇𝐿
                         Eq. 4.51 

All the above equations were implemented and solved iteratively in Engineering Equation 

Solver (EES). The procedure for solving these equations is summarised as follows [118] 

(1) Guess the interface temperature Ti  

(2) Considering equilibrium and saturation, calculate the ammonia molar concentration at 

the liquid and vapour interface XLi and Xvi 

(3) Guess z 

(4) Calculate ṅNH3L and ṅNH3v  

(5) If ṅNH3L = ṅNH3v go to step 6 otherwise guess another value of z and go to step 4 

(6) Calculate ammonia and total mass flux 

(7) Calculate sensible heat transferred from liquid and vapour phases 

(8) Check energy balance at interface and if verified go to step 9 otherwise guess a new 

value of interface temperature Ti and go to step 2 

(9) Guess Tco 

(10) Calculate heat flux transferred from liquid to the air 

(11) Check Tco with the following equation, if equal go to step 12 otherwise guess new 

values of Tco and go to step 9. 

𝑇𝑐𝑜 = 𝑇𝑐𝑖 +
𝜑𝑐 ∆𝐴𝑐

𝑀̇𝑐 𝐶𝑝𝑎
                                   Eq.4.52 
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(12) The new vapour and liquid values is then calculated using the equations in Table 4.7 

The initial input parameters for the absorber operating conditions are shown in table 4.8, while 

the geometry and material thermal properties of the absorber are found in Table 4.6. These 

parameters were used in solving the unknown conditions of the absorption process from bottom 

to top of each tube row. 

Table 4.9 Absorber operating conditions 

 

Parameter Value 

Vapour mass flow rate (kg/h) 15.0 

Vapour concentration (kgNH3/kg) 0.995 

Vapour temperature (K) 288.15 

Inner tube pressure (bar) 2.25 

Weak solution mass flow rate (kg/h) 135.0 

Weak solution concentration (kgNH3/kg) 0.235 

Weak solution temperature (K) 323.15 

Cooling are facing velocity (m/s) 2.5 

Cooling air flow rate (kg/s) 1.8 

Cooling air inlet temperature (K) 303.15 

 

4.3.2 Results and Discussion 

With the initial input parameters as presented in Tables 4.6 and 4.8, the output values/results 

from the model were calculated with the help of the developed mathematical model.  This 

section presents the results from the model and the sensitivity analysis carried out. The 

absorption process was considered to be complete when the vapour flow rate became less than 
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1% of its initial value of concentration at the beginning of the flow. Table 4.10 shows the results 

from the numerical modelling of the absorber after solving the mathematical equations given 

in the previous section. 

Table 4.10 Modelling results varying temperature and length of absorber 

Rows 1 2 3 4 

Strong solution mass flow rate (kg/h) 36.7 36.7 36.7 36.7 

Strong solution concentration (kg 

NH3/kg) 

0.298 0.298 0.298 0.298 

Strong solution temperature (K) 305.6 305.7 307.35 307.57 

Absorption length (m) 0.90 0.95 1.0 1.03 

 

Fig. 4.18 shows the pattern of the absorption process as it occurs from bottom of the tube to 

the top for each tube row. They are similar in progression pattern from churn to slug and slug 

to bubbly flow. The horizontal lines indicate the transition from one flow pattern to the other. 

This is more pronounced in the slug flow region. This means that the absorption process occurs 

more in the slug flow region than the other two regions as shown. This is because there is high 

mass and heat transfer that takes place in this region as the vapour is absorbed into the liquid 

solution. It could also be depicted that the length at which the absorption is completed is 

different for each tube row and it increases from the first to the last row. This is because as the 

air flows over the tubes it cools the tubes and in the process increases in temperature as it flows 

past the first row which results in slower absorption rate in successive rows according to the 

air flow direction. In view of the effect of the air flow rate on the absorption process, the 

absorber height should be based on the longest absorption length which is the fourth row in 

this case. 
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Figure 4.18 Absorption process along tube length 

It can be deduced from this finding that the absorber height is greatly influenced by the slug 

flow region, which means that if the slug region is reduced, the absorber height will be reduced 

and vice versa. This can be achieved by adding Nano-particles to enhance the heat and mass 

transfer process which improves the thermal conductivity of the fluid, thereby increasing the 

rate at which absorption takes place leading to a shorter absorption length [130]–[138]. Other 

ways of performance enhancement are the addition of chemical surfactants, carbon nanotubes, 

and ultrasonic or magnetic fields [139]–[147].  

It is also pertinent to study the behaviour of the liquid phase temperature along the length of 

the tube and cooling air temperature at the end of each tube row.  During the absorption process 

inside the tube simultaneous heat and mass transfer take place and this affects the liquid phase 

and cooling air temperature. It can be deduced from Fig. 4.19 that both the liquid phase 

temperature and that of the cooling air reduces in the churn flow region and tends to increase 

again in the slug flow region before reducing further. The small increment noticed at the 

beginning of the slug flow is caused by the heat and mass transfer that is taking place in this 
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region leading to higher temperature. As the air flows across the bundle of the tubes it takes 

away heat from the tube surface, hence increases in temperature as it moves past the first 

through to the last row. 

 

  

Figure 4.19 Liquid phase temperature, and air temperature along tube length in each row, and     

outlet of each row, respectively. 

Sensitivity analysis was carried out to investigate the influence of varying any of the 

geometrical design parameters and operating conditions while keeping all other parameters 

constant. Figure 4.20a shows the effect of varying the fin spacing on the absorber performance. 

It could be seen that the fin spacing had a negative effect on absorption length implying that 

the fin spacing played an important role in sizing the absorber. Hence, the fin spacing must be 

the possible smallest taking into account the contact between the fins and the tubes, mechanical 

expansion and available manufacturing technology. On the other hand, Fig. 4.20b depicts the 

outer tube diameter influence on the absorber performance when varied. It shows that the tube 

length reduces with an increase in the outer tube diameter while there is high deterioration on 
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the absorption behaviour if the outer tube diameter becomes too low. The tube will require 

large amount of metal for manufacturing as the outer tube diameter increase which has an 

advert effect on the performance of the absorber. It could also be seen from both graphs that 

the tube rows have almost similar effect when these parameters are varied. 

 

 

 

Figure 4.20  (a) Variation of fin spacing on tube length, (b) Effect of outer tube variation on 

tube length. 
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The cooling air velocity and temperature are also important parameters that need to be 

considered in the design as they help in selecting the size of fan for the cooling purpose. Figure 

4.21a shows the air velocity influence on the absorption length. As the cooling air velocity 

increases, more heat can be removed from the tube surface as quickly as possible, thereby 

reducing the time taken to complete the absorption process. On the other hand, an increase in 

the air temperature causes an increase in the absorption length as depicted in Fig. 4.21b. This 

is because as the temperature of the cooling air increases, its capacity to carry away heat over 

the hot tube reduces thereby causing the absorption process to slow as it progresses from the 

bottom of the tube to the top.   
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Figure 4.21 (a) Air velocity variation against absorption length, (b) air temperature influence 

on absorption length. 

The effect of the tube spacing, called the pitch, likewise influences the performance of the 

absorber. As in Fig. 4.22, it is seen that as the pitch increases the absorption length of the tube 

reduces but up to an optimum point where the absorption length increases again. This is because 

as the pitch increases the finned tube surface area increases with constant air velocity reducing 

the volume of air available for cooling thereby reducing the air side heat transfer coefficient. 
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Figure 4.22 Effect of Pitch/tube spacing on Absorption length. 

 

Furthermore, the interface and bulk liquid ammonia molar concentrations change as the 

absorption process progresses from the bottom of the tube to the top. As indicated in Fig. 4.23, 

the ammonia molar concentration of the bulk liquid increases along the tube length to the top 

which is higher in the churn and slug region than the bubbly region. The same scenario can 

also be noticed with interface liquid molar concentration but its value remains higher than that 

in the bulk liquid. 
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Figure 4.23 Molar concentration profile at the interface and bulk liquid phase. 

 

Another parameter that is significant in the absorber design is the number of tubes. An increase 

in the number of tubes positively affects the absorption length and this is depicted in Fig. 4.24. 

It can also be deduced that as the number of tubes increases, the reduction in absorption length 

becomes less significant as it goes beyond a certain number. The adverse effect of this will be 

the large volume of material required for the shell side to hold all the tubes thereby increasing 

the space occupied by the absorber. 
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Figure 4.24 Number of tube and inner tube diameter influence on absorption length. 

 

More so, an increase in the inner tube diameter also decreases the absorption length but 

negatively affects the absorption length beyond a certain point as it starts increasing again as 

seen in Fig. 4.23. Hence, there must be a compromise and technical decision taken to choose 

the inner diameter of the tube as it consequentially affects the absorption length. In this case, 

diameters above 40 mm negatively affect the absorption length. Therefore, there is a limit to 

which the diameter can be increased to get the shortest absorption length taken into 

consideration the effect it has on the absorption process and get a balance between material 

volume and absorber height. 
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4.4  Conclusions 

A mathematical model has been developed for a helical coiled heat exchanger used as rectifier 

and a parametric analysis was carried out. Results showed that an increase in ammonia inlet 

temperature increased the heat transfer rate and effectiveness while an increase in the outlet 

temperature decreased the heat transfer rate and effectiveness. An increase in the helix diameter 

reduced the heat transfer rate in the coil side. It was also gathered that increasing the pitch 

reduces not only the number of turns of the coil and the length but also the heat transfer rate in 

the annulus and overall heat transfer coefficient. 

There was an increase in the heat transfer rate at the coil side and in overall heat transfer 

coefficient when the coil inner diameter was increased. While an increase on the outer diameter 

of the coil reduced the heat transfer at the coil side but increased the heat transfer rate at the 

annulus. It also showed that an increase in the mass flow rate of ammonia increased the heat 

transfer rate at the annulus and overall heat transfer coefficient. Furthermore, increasing the 

mass flow rate of the solution increased the heat transfer rate at the coil side and overall heat 

transfer coefficient. More so, an increase in the inside diameter of the outer cylinder increased 

the volume available for fluid flow in the annulus but reduced both the heat transfer rate at the 

annulus and overall heat transfer coefficient. 

A mathematical model was also built for a vertical tubular absorber that is cooled by air with 

ammonia-water as the working pair based on mass and energy balances and heat and mass 

transfer equations to analyse the absorption process along the tubes. The analysis has been 

made separately for the churn, slug and bubbly flow patterns that take place in the tubes during 

the absorption process. 
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The results showed how the absorption of the ammonia into the water progresses from the 

bottom of the tubes to the top in the absorber. It was vividly seen that the absorption length in 

each row was different due to the temperature of the cooling air. As the cooling air flows over 

the tubes it takes away the heat from the first row of tubes thereby exiting at higher temperature 

which becomes the inlet to the next row and so on. In view of this, the heat transfer rate of air 

reduces hence the increase in the absorption length in the preceding rows. This phenomenon 

was clear from the results as the last row had the highest absorption length hence becoming the 

absorber height.  There existed simultaneous heat and mass transfer in the tubes during the 

absorption process thereby causing changes to the liquid phase temperature and that of the 

cooling air to take place. The liquid phase temperature reduced from the bottom of the tube and 

in the churn flow region, but tended to increase at the beginning of the slug flow region due to 

the heat and mass transfer reactions that took place before reducing again. 

It was also depicted that fin spacing had important role to play in the sizing of the absorber. An 

increase in the fin spacing increased the absorption length and vice versa, nonetheless there 

was a limit to which the fin spacing could be reduced which depended on the available 

manufacturing technology. Furthermore, an increase in the outer tube diameter decreased the 

absorption length but also deteriorated at smaller outer diameter. Increased outer diameter will 

require large volume of metal for the manufacture of the tubes. The results also showed that a 

decrease in the air velocity increased the absorption length as the rate of heat removal was 

reduced due to low air velocity. 

An increase in the tube spacing also reduced the absorption length but tended to increase it 

beyond a certain point, therefore there was an optimum point for the tube spacing. This was 

caused by the reduced volume of air available for cooling due to larger finned tube surface in 

increased tube spacing. It was also shown that the liquid bulk molar concentration increased as 
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the absorption process progressed from the bottom to the top of the tube, so also was the molar 

concentration of ammonia at the interface. Besides, this increase was higher in the churn flow 

region than in the slug and bubbly flow regions. The molar concentration at the interface was 

always higher than that in the bulk liquid. 

An increase in both the number of tubes and inner tube diameter reduced the absorption length 

but there was a limit to which the inner diameter of tube could be increased beyond which the 

absorption length began to increase. It was shown from the analysis that the maximum inner 

tube diameter was 40 mm. On the other hand, increasing the number of tubes also made the 

absorber large, thereby increasing the volume of material used and compactness of the absorber 

would not be achieved.
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5 Chapter 5 

SYSTEM LEVEL MODELLING OF VAPOUR ABSORPTION 

REFRIGEARTION SYSTEM 

This section considers the system level modelling of a one stage vapour absorption refrigeration 

system (VARS) followed by an investigation into the influence of various component operating 

parameters on the complete system. VARS is one that is driven by an external heat source 

which could either be from a direct gas burner, heat from solar energy or other means. Exhaust 

waste heat of a fuel cell is intended to be used in this case. A schematic of the proposed VARS 

and state points used in calculations is shown in Figure 5.1. Ammonia-water (NH3H2O) 

solution is the working pair used for this study where ammonia is the refrigerant and water is 

the absorbent. The single stage VARS works thus:  at state point 1 NH3H2O solution is pumped 

into the desorber using a solution pump for pressurising the system. It is heated with waste 

exhaust heat from the fuel cell leading to desorption of ammonia vapour. As there could be 

some water vapour present in the evaporated ammonia, it is passed through a rectifier or vapour 

separator where pure ammonia is separated completely from the water vapour at state point 7, 

rejecting heat. The pure ammonia of about 99% concentration then flows into the condenser at 

point 9 where more heat is rejected and cools down to saturated liquid ammonia at point 10. 

The liquid ammonia passes through the refrigerant heat exchanger where it transfers heat to the 

vapour leaving the evaporator and further through an expansion valve at point 11 through to 

12 before entering the evaporator. The refrigerant valve helps in reducing the high pressure 

liquid to lower pressure to allow evaporation.  
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The liquid ammonia at point 12 gains heat from the cooled space and exits as ammonia vapour 

at state point 13 to the absorber through the refrigerant heat exchanger where it mixes back 

with the water vapour leaving the rectifier to form a strong solution at point 1 and is then 

pumped back to the desorber for a repeat of the cycle. The mixing of the ammonia vapour and 

weak solution at the desorber produces heat which is rejected to the surrounding by a fan if it 

is an air cooled system as would be for this case. 

 

 

Figure 5.1Schematic of single stage vapour absorption system [5]  
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The flows at different state points within the cycle and assumptions made are as follows: 

 pure ammonia vapour flows at state points 9, 13 and 14, 

 condensed water with minute fraction of ammonia flows at state point 8, 

 ammonia vapour mixed with water vapour flows at state point 7, 

 weak solution (poor in ammonia) flows at state points 4, 5 and 6, and the 

concentration at these points are the same, 

 ammonia liquid flows at state points 10, 11 and 12, 

 Strong solution (rich in ammonia) flows at state points 1, 2 and 3, with the same 

concentrations, 

 all the conditions are based on steady state, 

 pressure drops in components and pipes are negligible, 

 heat exchange occurs only at the absorber, desorber, rectifier, condenser, and 

evaporator, 

 Pumps and expansion valves are frictionless or generate minimum heat so partial 

evaporation does not occur due to boiling. 

Mass and energy balances were applied to each component being expressed here as a black 

box and the equations for each block were solved simultaneously using Engineering 

Equation Solver. Evaporator temperature was set at 15oC as the system was first modelled 

for air-conditioning purposes and later set to -20oC for refrigeration. Table 5.1 gives a 

detailed set of equations for each component. 
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Table 5.1 Mass and Energy balance Equations for VARS components. 

 

Mass balance at Absorber  

ṁ1𝑥1 = ṁ14𝑥14 + ṁ6𝑥6 

ṁ1 = ṁ14 + ṁ6 

Energy balance at Absorber ṁ6ℎ6 + ṁ14ℎ14 = 𝑄𝑎 + ṁ1ℎ1 

Mass balance for Pump ṁ1 = ṁ2 

Energy balance for Pump ṁ1ℎ1 + 𝑊𝑃 = ṁ2ℎ2 

Pump Work               𝑊𝑃 = ṁ1𝑣1( 
𝑝2−𝑝1

ŋ𝑝
) 

Mass balance for Solution Heat Exchanger* ṁ4 = ṁ5 

 ṁ3 = ṁ2 

Energy balance for Solution Heat Exchanger ṁ4ℎ4 + ṁ2ℎ2 = ṁ5ℎ5 + ṁ3ℎ3 

Mass balance at Desorber ṁ8𝑥8 + ṁ3𝑥3 = ṁ7𝑥7 + ṁ4𝑥4 

ṁ8 + ṁ3 = ṁ7 + ṁ4 

Energy balance at Desorber ṁ8ℎ8 + ṁ3ℎ3 + 𝑄𝐺 = ṁ7ℎ7 + ṁ4ℎ4 

Mass balance at throttle valve V1 ṁ6 = ṁ5 

Energy balance at throttle valve V1 ṁ6ℎ6 = ṁ5ℎ5 

Mass balance at Condenser ṁ9 = ṁ10 

Energy balance at Condenser ṁ9ℎ9 = ṁ10ℎ10 + 𝑄𝐶 

Mass balance at Refrigerant pre-cooler ṁ10 + ṁ13 = ṁ11 + ṁ14 

Energy balance at Refrigerant pre-cooler* ṁ10ℎ10 + ṁ13ℎ13 = ṁ11ℎ11 + ṁ14ℎ14 

Mass balance at throttle valve V2 ṁ11 = ṁ12 

Energy balance at throttle valve V2 ṁ11ℎ11 = ṁ12ℎ12 

Mass balance at Evaporator ṁ12 = ṁ13 

Energy balance at Evaporator ṁ13ℎ13 = ṁ12ℎ12 + 𝑄𝐸 

Mass balance at Rectifier ṁ7𝑥7 = ṁ9𝑥9 + ṁ8𝑥8 

ṁ7 = ṁ9 + ṁ8 

Energy balance at Rectifier ṁ7ℎ7 = ṁ9ℎ9 + ṁ8ℎ8 + 𝑄𝑅 
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Where 

ṁ1----14   Mass flow rates at various state points (kg/s) 

 

ℎ1----14   Enthalpy at various state points (kJ/kg) 

 

QC              Heat rejected at the Condenser (kW) 

QG             Heat added at the Generator (kW) 

QE            Heat added at the evaporator/cooling load (kW) 

Qa            Heat rejected at the absorber (kW) 

QR           Heat rejected at the Rectifier (kW)  

𝑥          Ammonia mass fraction or concentration (wt%) 

v         specific volume of solution (m3/kg) 

Wp         Work done by pump (kW) 

ŋp        Pump efficiency (%) 

 

5.1  Coefficient of performance of vapour absorption refrigeration system 

(VARS) 

There are two forms of the Coefficient of Performance for the system, one of which is the 

overall and the other is in terms of thermal energy only. These are calculated by Eqs. 5.1 and 

5.2. Therefore, the COP of VARS can be defined as the ratio of the evaporator load to either 

the sum of the heat input and the pump work or just the heat input, as the case may be. 
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          COP               =  
𝑄𝐸

𝑄𝐺+ 𝑊𝑝

                       Eq. 5.1 

                                       COP                 =       
𝑄𝐸

𝑄𝐺
                       Eq. 5.2 

 

The ammonia concentration is calculated from the following relationship by fixing the pressure 

and rejection temperature of the absorber 

                                                 log P = A  − 
𝐵

𝑇
                                             Eq. 5.3 

Where  

P Operating pressure of the absorber (kPa) 

T Exit temperature of the absorber (kPa)  

And 

A = 7.44 − 1.767 𝑥 + 0.9823 𝑥2+ 0.3627 𝑥3                                  Eq. 5.4 

         B = 2013.8 − 2155.7 𝑥 + 1540.9 𝑥2 − 194.7 𝑥3                                  Eq. 5.5 

 

The operating conditions or parameters for the base case are given in table 5.2, and were chosen 

based on practically achievable/expected figures, e.g. 15oC for the evaporator exit temperature 

was chosen as expected for air-conditioning in reality, and 0.99 for the purity of ammonia at 

rectifier exit and evaporator/absorber inlet. 

 

 

 

 

Overall 

Thermal 
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Table 5.2 Operating conditions set for base case system level modelling of VARS. 

Absorber exit temperature 40oC 

Absorber/Evaporator pressure 1 bar 

Condenser exit temperature 40oC 

Condenser/Desorber pressure 15 bar 

Evaporator exit temperature 15oC 

Solution heat exchanger effectiveness 0.8 

Refrigerant heat exchanger effectiveness 0.8 

Pump efficiency 0.7 

Ammonia mass fraction at rectifier exit/RHX exit 0.99 

Ammonia mass fraction at evaporator inlet/ absorber 

inlet 

0.99 

Vapour quality at rectifier inlet/outlet 1 

Vapour quality at evaporator outlet 0.998 

Vapour quality at condenser exit 0 

Vapour quality at state points 4 and 8 0 

Mass flow rate of strong solution (kg/s) 0.0072 

 

 

The results from the base case modelling of the VARS for a 1kW evaporator load is given in 

Table 5.3 at an evaporator temperature of 15oC. These results were obtained from EES with 

the initial operating conditions as given in Table 5.2. EES was able to calculate all parameters 
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at any state point showing the quality of vapour or liquid, heat ejected or gained, and evaporator 

load. 

 

Table 5.3 Output from base case simulation. 

 ṁ(g/s) T(oC)  VACS Parameters Cooling load 

    1kW SP 

1 7.2 40 Model cooling load (kW) 1.026 

2 7.2 40.23 Desorber heat input (kW) 2.388 

3 7.2 138.7 Condenser heat rejected(kW) 1.051 

4 6.36 163.4 Absorber heat rejected(kW) 1.771 

5 6.36 48.19 Rectifier heat rejected(kW) 0.6079 

6 6.36 48.48 Work done by pump(kW) 0.01588 

7 1.086 137.9 Refrigerant mass flow rate (g/s) 0.8401 

8 0.2458 148.6 Strong solution mass flow rate (kg/s) 7.2 

9 0.8401 75.95 Weak solution mass flow rate (g/s) 6.36 

10 0.8401 40 COP(thermal) 0.4296 

11 0.8401 25.88 COP (overall) 0.4267 

12 0.000840

1 

-33.36 Strong solution concentration 0.233 

13 0.8401 15 Weak solution concentration 0.133 

14 0.8401 35    

 

 

From Table 5.3, with the initial set values, the overall and thermal COP were calculated as 

42.67 and 42.96% respectively with heat input of 2.388kW while the heat rejection at the 



Chapter 5 

 
 

5-9 
 

condenser was 1.051kW.  More so, results from the base case also show that the concentrations 

of the strong and weak solutions were 23.33 and 13.33% respectively as this was the target set 

from the modelling equations for desorption of ammonia from the strong solution to take place 

as explained further in section 5.2.7. The heat rejected at the absorber, rectifier, and condenser 

were 1.771, 0.6079, and 1.051 respectively. This rejected heat could be recycled back to the 

solid oxide fuel cell (SOFC) for pre-heating of the fuel and air entering the stack 

 

5.2  Effect of operating conditions on Coefficient of Performance 

As the COP for the base case is about 42% there is need to find strategies to improve the overall 

performance of the system by altering operating conditions to see which parameters/operating 

conditions are most influential so that the system can be optimised based on these findings. 

5.2.1 Variation of Solution Heat Exchanger Effectiveness 

Figure 5.2 shows the effect of varying the effectiveness of the solution heat exchanger (SHX) 

on other components. It can be deduced that the increase in the SHX effectiveness has no effect 

on the condenser heat rejected, and heat intake at the evaporator. This is due to no changes 

caused by the variation of the SHX effectiveness on flow rates and temperatures in and out of 

the condenser and evaporator. On the other hand, there is a drastic reduction in the heat added 

at the desorber and that rejected at the absorber. There is significant reduction in the heat that 

needs to be added at the desorber because an increase in the SHX effectiveness causes more 

heat to be transferred to the strong solution from the weak solution as they pass through the 

exchanger. This causes the strong solution temperature to be increased which in turn means 

less heat needed to heat up the ammonia for desorption. The same is applicable to the absorber 
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as the weak solution enters the absorber at reduced temperature after transferring the heat to 

the strong solution thereby reducing the heat to be rejected to the surrounding as the 

effectiveness of the solution heat exchanger increases. 

 

Figure 5.2 Solution heat exchanger effectiveness vs COP and heat load. 

 

More so, an increase in the SHX effectiveness increases both the thermal and overall 

coefficients of performance. This is because, the thermal COP is a ratio of the evaporator load 

to the desorber added heat, and as the desorber heat is reduced while the evaporator load is 

constant, the thermal COP will actually increase. On the other hand, overall COP increases as 

well, as it is also the ratio of evaporator load to the sum of the desorber added heat and the 

pump work, but with evaporator load and pump work remaining the same and desorber heat 

being reduced due to the effectiveness increase of the SHX, the overall COP increases at about 

the same level as the thermal COP. This is evident as the heat input to the desorber is just 

1.672kW as compared to the 2.388kW with the base case. More so, the heat rejected at the 
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absorber was reduced from 1.771kW to 1.041kW. Furthermore, COP (both thermal and 

overall) increased to 0.6061 and 0.6004kW from 0.4296 and 0.4267kW, respectively. In 

essence a 5% increase in the SHX effectiveness results in about 70% reduction in the desorber 

heat input and 41% overall COP increase. 

5.2.2 Variation of absorber exit temperature 

The effect of varying the exit temperature of the absorber on the evaporator load, heat input at 

the desorber, and COP (thermal and overall) is studied in this section. As seen in Fig. 5.3a, 

both overall and thermal coefficient of performance of the system increase with reduced 

absorber exit temperature. On the other hand, there is only little increase in cooling load, but a 

slow reduction in the heat needed to be added at the desorber is seen. 

It is worthy of note that the temperature of the cooling medium for the absorber needs to be 

taken into consideration during the variation of the absorber exit temperature as it depends on 

that temperature (cooling medium). In the present study an air-cooled absorber is being 

considered, hence the ambient air temperature plays a crucial role in considering the limit to 

which the absorber temperature could be reduced. The ambient air is assumed to be at 30oC, 

then the absorber temperature will be kept at 40oC which is practically ideal for exchange of 

heat between the absorber and the cooling air as there should be at least 10oK difference. If 

water were used as the cooling medium, say at a temperature of 5oC, then the exit temperature 

could be reduced to about 15oC which will lead to higher COP (both thermal and overall) as 

indicated in Figure 5.3a.  
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Figure 5.3 Absorber exit temperature influence on strong solution concentration, COP and 

heat load. 
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A reduction in the exit temperature of the absorber increases ammonia solubility leading to 

higher strong ammonia-water solution concentration which in turn increases the COP as 

evident in Fig. 5.3b due to more ammonia been vaporized at the desorber leading to an increase 

in amount of refrigerant for cooling. This is because the COP is directly proportional to the 

evaporator cooling load as seen in equation 5.1 and the cooling load is dependent on the mass 

flow rate as follows 

 

𝑄𝐸 = ṁ13 (ℎ13 - ℎ12)           Eq. 5.6 

 

Therefore, as increased concentration causes an increase in ammonia flow rate, cooling load 

will eventually be increased, thereby increasing the COP. 

5.2.3 Effect of condenser/desorber and evaporator/absorber pressures 

When the desorber/condenser pressures are increased, the COP is reduced as shown in Figure 

5.4. Increasing the absorber/evaporator pressure increases the COP due to the increase in 

concentration of the strong solution as shown in Fig. 5.5. It also shows the minimum 

condenser/desorber pressure at different absorber/evaporator pressures and the subsequent 

effect on the overall COP. 
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Figure 5.4 Desorber pressure effect on COP. 

 

The effect of operating the system at varying absorber/evaporator pressures with every other 

parameter remaining constant as in the base case is depicted in Fig. 5.5. It can be seen that an 

increase in absorber/evaporator pressure increases the ammonia concentration in the strong 

solution. The COP increases as well. But there is a limit to which the pressure can be increased 

beyond which the COP is greater than 1. It should be noted that at high absorber/evaporator 

pressures the COP becomes greater than 1 which is not feasible as the VARS modelled here is 

a single stage type and cannot be greater than 1. Further analysis shows that the pressure cannot 

rise beyond 405 kPa at which the COP is greater than 1 in the base case. In essence, the 
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is not supposed to be the case as there is heat input at the evaporator which means the exit 

temperature should be greater than the inlet. But it should be noted that at this same pressure 

of 750 kPa the COP is about 1.945 which is not practically feasible. As said earlier the pressure 

was adjusted to 400 kPa where the COP was in the range of acceptability and the temperature 

difference between the inlet and the outlet of the evaporator was 276.08 K. 

 

 

 

Figure 5.5 Absorber pressure influence on the COP and solution concentration. 
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Table 5.4 Maximum Absorber/Evaporator pressure at specific Desorber pressure 

Desorber pressure 

(bar) 

Maximum 

Absorber pressure 

(bar) 

COP at maximum 

absorber pressure 

Concentration (%) 

15 4 0.988 44.9 

13 3 0.969 39.5 

11 2.4 0.976 35.8 

9 1.9 0.972 32 

7 1.52 0.996 28.9 

 

 

 

Figure 5.6 Variation of COP with absorber pressure at different desorber pressures. 
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5.2.4 Effect of Condenser Exit Temperature, Solution Pump Efficiency and Refrigerant 

Heat Exchanger Effectiveness 

There is no significant effect caused by the refrigerant heat exchanger effectiveness on the 

overall COP, as can be seen in Figure 5.7b. More so, it can be seen that increasing the efficiency 

of the solution pump reduces the work to be done by the pump but does not have any effect on 

the overall COP as shown in Fig. 5.7a; hence operating the pump at higher efficiency is 

unnecessary as even at a lower efficiency nearly the same COP is achieved. This is because the 

overall COP is a function of the ratio of the cooling load to the sum of the heat input at the 

desorber and the pump work as in Eq. 5.1. 

The pump work is inversely proportional to the pump’s efficiency as given in Eq. 5.7 

 

   WP =   ṁ1𝑣1( 
𝑝2−𝑝1

ŋ𝑝
)                       Eq. 5.7 

It can be deduced from Eq. 5.7 that increasing the efficiency of the pump will reduce the 

pump’s work while keeping every other parameter constant. This reduced pump work will not 

cause any significant change to the overall COP as it is negligible compared to the heat input 

at the desorber as shown in Eq. 5.1. This explains the reason of little significance in the changes 

of COP when the pump’s efficiency is increased. 

Furthermore, a reduction in the condenser exit temperature has only little effect on the overall 

and thermal coefficient of performance, hence varying it does not change the system 

performance as shown Fig. 5.7c
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Figure 5.7 Variation of condenser exit temperature, refrigerant HX effectiveness and pump efficiency
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5.2.5 Effect of Evaporator Temperature on COP, cooling load and heat input at 

Desorber 

The effect of the variation of evaporator exit temperature on the COP, cooling load, and heat 

input at the desorber is shown in Fig. 5.8. Simulation results showed that there is no significant 

effect for the evaporator temperature on the cooling load, heat input, and COP.  

 

 

 

Figure 5.8 Variation of Evaporator temperatures with COP, Cooling load, and Heat      Input 
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respectively. When the temperature is set to -20oC, it results in 1246 and 35.25 respectively for 

the outlet and inlet enthalpy. This implies that the enthalpy difference at 15oC and -20oC are 

1221.7 and 1210.75, respectively. Substituting these values in Eq. 5.8 with the refrigerant flow 

rate been constant gives 1.082 and 1.073 respectively of cooling or evaporator load at 15oC 

(air-conditioning) and -20oC (refrigeration). From the foregoing, it can be seen that there is no 

significant effect of the evaporator temperature on the cooling or evaporator load which 

explains why there is no COP change whether the vapour absorption cooling system is operated 

in air-conditioning or refrigeration mood. 

5.2.6 Variation of mass flow rate of strong solution 

With every other parameter remaining constant as in the base case, the effect of the variation 

of the mass flow rate on the cooling load is analysed here. It can be seen in Figure 5.9a that 

increasing the mass flow rate of the strong solution increases the cooling load but has no effect 

on the COP of the system. The reason for this is that there is an increase in the mass flow rate 

of the refrigerant that goes into the evaporator thereby increasing the cooling load. This 

phenomenon can be best explained with equation 5.8 

 

   Q = ṁ*h13-12              Eq. 5.8 

Where 

Q                    Cooling load (kW) 

ṁ          Mass flow rate of the refrigerant at the evaporator, (kg/s) 

h13-12  Outlet and inlet enthalpy difference at the evaporator, (J/kg) 
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From above, as the cooling load is a function of the mass flow rate, and enthalpy difference, 

an increase in the mass flow rate of the refrigerant will increase the cooling load while the 

enthalpy difference remains constant. This process is also seen in the Figure 5.9b as the mass 

flow rate of the strong solution increases so does that for the refrigerant. As the mass flow rate 

of the refrigerant increases there is more refrigerant to be separated which results in higher heat 

input. In essence, with all conditions met for a particular load, every other parameter can be 

left constant while changing the mass flow rate of the strong solution can be used to control 

load fluctuations. 
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Figure 5.9 Variation of strong solution mass flow rate vs COP, cooling load, refrigerant mass 

flow rate. 

 

5.2.7 Effect of Concentration difference between strong and weak solution 

Figure 5.10 shows the effect of the concentration difference between the strong and weak 

solution on COP, cooling load, and heat input at the generator. As the difference between the 

two solutions increases so does the COP (thermal and overall) which is due to the increased 

mass flow rate of the refrigerant at the inlet of the evaporator leading to increasing cooling 

power as depicted in Fig. 5.9, thereby increasing the COP. For the ammonia vapour to be 

separated from the strong solution the minimum concentration difference should be 5% [148]. 

There is also a theoretical maximum limit of the concentration difference which was found 

from the simulation result to be 15% above which the temperatures in and out of the solution 

0 0.005 0.01 0.015 0.02 0.025
0

0.0005

0.001

0.0015

0.002

0.0025

ṁss (kg/s)

ṁ
re

fr
ig

e
ra

n
t 
(k

g
/s

)

(b) 



Chapter 5 

 
 

5-23 
 

heat exchanger of the returning weak solution becomes negative (state points 5 and 6). This 

might lead to freezing and hindering of the flow of the weak solution between the desorber and 

absorber. 

 

 

Figure 5.10 Variation of concentration difference between strong and weak solution. 

 

5.2.8 Summary overview of the influence of operating parameters 

It can be deduced from the simulation that every parameter has its own degree of influence on 
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Table 5.5 Final operating parameters after optimization. 

Parameter Value State point 

Absorber exit temperature 40oC 1 

Absorber/Evaporator pressure 1.5 bar 1 

Condenser exit temperature 40oC 10 

Condenser/Desorber pressure 15 bar 2 to 5,7 to 10 

Evaporator exit temperature 15oC  

Solution heat exchanger effectiveness 0.86  

Refrigerant heat exchanger effectiveness 0.86  

Pump efficiency 0.7  

Ammonia mass fraction at rectifier exit/RHX exit 0.99 9 

Ammonia mass fraction at evaporator inlet/ absorber inlet 0.99 12-14 

Vapour quality at rectifier inlet/outlet 1 7,9 

Vapour quality at evaporator outlet 0.998 13 

Vapour quality at condenser exit 0 10 

Vapour quality at state points 4 and 8 0 4,8 

Mass flow rate of strong solution (g/s) 6.6 1-3 

 

 

The results showing the mass flow rates and temperatures at various state points are given in 

Table 5.5 with the values of heat input, absorber heat rejected, condenser heat rejected, and 

that of the rectifier, among others 
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Table 5.6 Output for the final operating parameters. 

     

ṁ(g/s) 

 

T(oC) 

  

VAS Parameters 

Cooling load 

1kW SP 

1 6.6 40 Model cooling load (Kw) 1.004 

2 6.6 40.23 Desorber heat input (kW) 1.119 

3 6.6 134.3 Condenser heat rejected(Kw) 1.028 

4 5.778 149.6 Absorber heat rejected(kW) 0.7899 

5 5.778 12.14 Rectifier heat rejected(kW) 0.3193 

6 5.778 12.45 Work done by pump(kW) 0.01431 

7 0.938 124.7 Refrigerant mas flow arte 0.8217 

8 0.1162 167.2 Strong solution mass flow rate (kg/s) 6.6 

9 0.8217 75.95 Weak solution mass flow rate (kg/s) 5.778 

10 0.0008217 40 COP(thermal) 0.8965 

11 0.0008217 24.18 COP (overall) 0.8852 

12 0.8217 -24.97 Strong solution concentration 0.2868 

13 0.8217 15 Weak solution concentration 0.1868 

14 0.8217 36.5    

 

 

 



Chapter 5 

 
 

5-26 
 

5.3 Discussion 

Results from the system simulation show how varying some parameters affect others and 

improves the system COP towards the optimum operating range at which the system is best to 

operate. Most parameters have an effect on the overall system but at different levels. The most 

sensitive parameters were the effectiveness of the solution heat exchanger, the pressures at the 

absorber and desorber, and the outlet temperatures of both the absorber and desorber. 

Increasing the solution heat exchanger (SHX) effectiveness transferred more heat from the 

weak solution returning from the rectifier to the strong solution going into the desorber thereby 

reducing the heat to be added at the desorber. This also reduced the heat to be rejected at the 

absorber as the returning weak solution enters the absorber with less heat. 

An increase in SHX effectiveness increased both the thermal and the overall COP as this is the 

ratio of the cooling load to the supplied heat. A reduction in the heat added at the desorber 

would increase both COP but does not have any effect on the flow rate and temperatures at the 

condenser and evaporator. Results showed that the heat added at the desorber reduced from the 

base case of 1.771 to 1.041 kW thereby increasing the COP from 42 to 60%.   

Absorber exit temperature reduction increased both overall and thermal COP but had a limit 

depending on the surrounding temperature, if the absorber is air cooled. If the absorber is air 

cooled, as in the case discussed here there should be a minimum of 10oC difference for 

exchange of heat to take place between the cooling medium (air) and the absorber. 

An increase in desorber/condenser pressure reduced the overall and thermal COP. On the other 

hand, increasing the absorber/evaporator pressure increased the COP. This effect on the COP 

was due to the ammonia concentration increase or reduction when the pressures were altered. 

However, there was a limit taking into consideration as the overall COP for a single step VARS 
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should not be greater than 1. If the absorber/evaporator pressure was increased up to 400 kPa 

the COP increases to 0.98 from 0.42 and the ammonia concentration in the strong solution 

increased from 23% to 44%. Beyond this pressure level, the COP was larger than 1 which is 

not theoretically feasible. 

The mass flow rate of the strong solution is another important parameter in the system. An 

increase in the mass flow rate increased the cooling load at the evaporator but did not affect 

the COP. As the strong solution flow rate increased, the flow rate of the refrigerant at the 

desorber increases, thereby increasing the heat input. 

Based on the limitations and band of operating the system, and after optimization, Table 5.7 

shows the final parameters used for the simulation of the system. 

 

Table 5.7 Optimised Parameters for the VAS for Air-conditioning. 

Ammonia concentration difference 10% 

Condenser and absorber rejection temperature 40oC 

Absorber/Evaporator pressure 1.4bar 

Condenser/Desorber pressure 15bar 

Effectiveness of SHX/RHX 86% 

Pump efficiency 70% 

 

Table 5.8 and 5.9 show a comparison of the system based on different loads for refrigeration 

and air-conditioning bearing in mind that the evaporator temperature was fixed as 15oC for air-

conditioning and -20oC for refrigeration. 
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Table 5.8 Parameters for air-conditioning loads of 1, 5, 10 and 20 kW. 

System Parameters  1 kW  5 kW 10 kW 20 kW 

Cooling load  1.082 5.112 10.01 20.0 

Desorber heat input 1.263 5.962 11.68 23.32 

Condenser heat rejected 1.108 5.234 10.25 20.48 

Rectifier heat rejected 0.385 1.802 3.529 7.048 

Absorber heat rejected 0.8708 4.112 8.055 16.09 

Pump work 0.01567 0.07402 0.145 0.2895 

Strong solution mass flow rate(g/s) 7.2 34.0 66.6 133.0 

Weak solution flow rate(g/s) 6.314 29.82 58.41 116.6 

Refrigerant flow rate (g/s) 0.8859 4.183 8.194 16.36 

Strong solution concentration (%) 27.72 27.72 27.72 27.72 

Weak solution concentration (%) 17.72 17.72 17.72 17.72 

Overall COP 0.8468 0.8468 0.8468 0.8468 

Thermal COP  0.8573 0.8573 0.8573 0.8573 
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Table 5.9  Parameters for Refrigeration at 1, 5, 10 and 20kW 

System Parameters  1 kW  5 kW 10 kW 20 kW 

Cooling load  1.073 5.067 10.13 20.86 

Desorber heat input 1.263 5.962 11.92 24.55 

Condenser heat rejected 1.108 5.234 10.47 21.55 

Rectifier heat rejected 0.3815 1.802 3.604 7.419 

Absorber heat rejected 0.8612 4.067 8.134 16.75 

Pump work 0.01567 0.07402 0.148 0.3048 

Strong solution mass flow rate(g/s) 7.2 34 68 140 

Weak solution flow rate(g/s) 6.314 29.82 59.63 122.8 

Refrigerant flow rate (g/s) 0.8859 4.183 8.367 17.23 

Strong solution concentration (%) 27.72 27.72 27.72 27.72 

Weak solution concentration (%) 17.72 17.72 17.72 17.72 

Overall COP 0.8314 0.8394 0.8394 0.8394 

Thermal COP  0.8498 0.8498 0.8498 0.8498 

 

 

From Tables 5.8 and 5.9, it can be seen that there is not much difference between the parameters 

for refrigeration and air-conditioning operation at each given cooling load. The difference is 

simply the evaporator exit temperature, which does not have a significant effect on the COP, 

heat input at the desorber, and the cooling load at each given or desired operating which can 

be seen in Figure 5.11a and b. It can be seen from Fig. 5.11a that the heat added at the generator 
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(desorber) for refrigeration and air-conditioning operation overlay one another showing that 

they have all the same quantity of heat for the desired evaporator load. More so, the heat 

rejected at the condenser and absorber are practically of the same quantity as seen from Fig. 

5.11a because they are on same line path. As can also be seen by comparing Tables 5.8 and 

5.9. 

  

 

Figure 5.11Comparison of (a) heat added at desorber and rejected at condenser/absorber (b) 

thermal/overall COP for refrigeration and air-conditioning. 
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The overall and thermal coefficient of performance, for 1kW, 5kW, 10kW and 20kW cooling 

load for both refrigeration and air-conditioning remain constant as seen in Fig. 5.11b. The 

overall COP for air-conditioning was 0.8468 and that of refrigeration was 0.8394, while the 

thermal COP were 0.8573 and 0.8498, respectively, for air-conditioning and refrigeration 

operation.  This shows that the COP (thermal and overall) is almost the same no matter the 

mode of operation at any desired evaporator load. Even the mass flow rates of the strong and 

weak solution, refrigerant flow rate at each desired cooling load do not differ much, as seen in 

Tables 5.8 and 5.9. This implies that the evaporator exit temperature, which determines the 

condition of refrigeration or air-conditioning, does not have an effect on the desired cooling 

load. This seems to be mainly determined by the mass flow rate, because the thermal energy 

generated is used to break the molecules during the phase change from liquid to vapour and 

only the entropy and enthalpy change. The change in enthalpy during this phase in both the 

modes of operation results in almost the same enthalpy difference (outlet enthalpy – inlet 

enthalpy) and since the flow rate of the refrigerant is the same; it results in the same evaporator 

load. 
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6 Chapter 6 

EXPERIMENTAL RESULTS AND ANALYSIS 

The foundation of the experimental pattern has been laid at Chapter 3 where step-by-step 

procedures have been set out towards achieving a successful experimental investigation. Based 

on this background, this chapter is dedicated to detail experimental analysis of the solid oxide 

fuel cell (SOFC) exhaust heat driven vapour absorption refrigeration system (VARS). 

6.1  SOFC cathode exhaust heat recovery through double pipe heat 

exchanger 

Fig. 6.1 shows a schematic of the heat recovery part with the double pipe heat exchanger and 

Table 6.1 showing the dimensions of the heat exchanger (DPHX). Detailed modelling of the 

DPHX had been carried out in Chapter 4 and, the various procedures to be followed for this 

part of the experiment have been presented in Chapter 3 (section 3.3.1) of this thesis. The sub-

system evaluated here consist of the thermal oil storage tank, thermal oil pump, air blower, 

electric heater, and the internally finned double pipe heat exchanger. 
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Figure 6.1Schematic of experimental test rig and installed DPHX pictorial view 

 

(TT- temperature transmitter, PT- pressure transmitter, MFM – mass flow meter, FC- flow 

controller/meter) 

 

Table 6.1 Geometrical details of double pipe heat exchanger [1] 

Parameter Value 

Fin height (mm) 8 

Fin thickness  (mm) 4 

Number of fins N  4 

Length of finned tube L (mm) 500 

Inner diameter of inner tube (mm) 30 

Outer diameter of inner tube (mm) 34 

Inner diameter of outer tube (mm) 56 

Outer diameter of outer tube (mm) 62 
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6.1.1 Results and discussion 

Figs. 6.2 and 6.3 are the experimental results of the effect of the cathode exhaust and thermal 

oil flow rates variation on the temperatures. The fuel cell cathode exhaust flow rate was varied 

between 30.19 g/s and 50 g/s while the oil flow rate was between 2 g/s and 16 g/s. These flow 

rates were arrived at after series of experiments were carried out to find the best operating range 

of the test rig: Operating the air blower below 30.19 g/s will result in the heater temperature 

going above 649 0C and will lead to damage of heating elements as recommended by the 

manufacturer. The maximum flow rate of the air blower was 55 g/s as per manufacturer’s 

technical data, therefore a decision was made to operate the blower at maximum flow rate of 

50 g/s allowing an allowance of 5 g/s. On the other hand, the oil pump maximum flow rate was 

limited to be 20 g/s through the LabVIEW control, hence operating it at maximum of 16 g/s to 

allow for 4 g/s allowance above which there was fluctuation in the oil pump flow which will 

lead to in-accurate data. 

It can be seen from Fig. 6.2 that the cathode exhaust temperature was just above 600 oC when 

the variation was started at which point the inlet and outlet temperatures of the heat transfer oil 

were 106 and 260 oC respectively. The outlet temperature of the thermal oil after being heated 

up by the cathode exhaust heat in the DPHX stabilized at 186oC while the inlet temperature 

was at 147 0C for the rest of the test at this steady state. This means that there was a temperature 

gain of 39 0C by the thermal oil in one pass as it flows through the DPHX. Furthermore, at this 

steady state, the inlet and outlet temperatures of the exhaust were 342 and 329.9 oC 

respectively, as seen in Fig 6.2. 
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Figure 6.2 Effect of SOFC cathode exhaust flow variation on temperatures 

 

Fig.6.3 shows the temperature profile when the oil flow rate was varied. At the steady state 

when the oil flow rate was 16 g/s with exhaust flow rate at 30.19 g/s, the exhaust inlet and 

outlet temperatures were 600 and 545 oC, respectively. On the other hand, the oil inlet and 

outlet temperatures were 112 and 203 oC. Figure 6.3 shows that at each step increase of the oil 

flow rate, the exit oil temperature reduced. This was because at increased oil flow rate with the 

exhaust flow rate kept constant at 30.19 g/s, the residence time of the oil in the DPHX reduced 

thereby reducing the heating up time leading to less heat transfer from exhaust to thermal oil. 
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                     Figure 6.3 Effect of thermal oil flow rate variation on temperatures. 

 

6.1.2 Determination of the heat transfer rate and heat exchanger effectiveness 

Based on the experimental results as shown in Figs. 6.2 and 6.3, the heat transfer rate was 

determined using Eq. 6.1. This gave an insight into the available useful heat that was harnessed 

from the SOFC cathode exhaust which could serve as input heat at the desorber of vapour 

absorption refrigeration system to meet a desired evaporator load. 

𝑄̇ = 𝑚𝑜̇ 𝐶𝑝(𝑇𝑜𝑜 − 𝑇𝑜𝑖)                                                                                               (6.1) 

Where 
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𝑚𝑜̇                Mass flow of thermal oil (kg/s) 

𝐶𝑝                Specific heat capacity of thermal oil (2.3 KJ/kg-K) 

Toi, Too         Inlet and outlet temperature of thermal oil (oC) 

 

An investigation into the impact the thermal oil flow rate variation had on the heat transfer rate 

was carried out. Figure 6.4 shows that an increase in the thermal oil flow rate with the cathode 

exhaust flow rate kept constant at 30.19 g/s, the heat transferred to the thermal oil reduced. 

This was due to less residence time in the DPHX of the thermal oil as explained earlier. It can 

be seen that there was a maximum heat transfer rate of 4.2 kW (at oil flow rate of 10 g/s) from 

0.014 at the beginning of the experiment which steadied off at 3.2 kW at an oil flow rate of 16 

g/s for the rest of the duration of the experiment. This can also be explained in the reduction of 

the temperature gained (from 260 0C to 88.2 0C) by the thermal oil in one pass as it flowed 

through the DPHX. This implied that 3.2 kW of heat was recovered from the fuel cell exhaust 

at exhaust and oil flow rates of 30.19 g/s and 16 g/s, respectively. 
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Figure 6.4 Amount of heat recovered from fuel cell exhaust by thermal oil. 

 

Fig. 6.5 shows the temperature profile of the thermal oil when it exits the desorber and flows 

back into the thermal oil tank after transferring heat to the strong ammonia solution which will 

then be pumped back into the DPHX for the repeat of the cycle as this is a closed loop.   
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                     Figure 6.5 Thermal oil temperature at desorber outlet. 

 

It can be seen that at a thermal oil flow rate of 16 g/s, the oil exits the desorber at a temperature 

of 150 oC. In essence, this is supposed to be the inlet oil temperature at the DPHX as compared 

to the one in Fig. 6.3 at 112 oC. This difference is seen because when the thermal oil returns 

back to the storage tank it enters at the top of the tank while it is pumped out through the 

bottom. This leaves the top part of the oil in the tank at higher temperature than the bottom. 

Therefore, using Eq. 1, the actual heat transfer rate was only 1.84 kW as against that in Fig. 6.4 

at an oil flow rate of 16 g/s and cathode exhaust flow rate of 30.19 g/s. 

On the other hand, the heat transfer rate during the cathode exhaust flow variation is shown in 

Fig. 6.6. There was a reduction in the heat transfer rate at every incremental step which steadied 

at 1.5 kW at an exhaust flow rate of 50 g/s. This reduction was due to less residence time of 

the cathode exhaust flow in the DPHX thereby reducing the time taken to heat the thermal oil. 
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More so, there was a decrease in the oil inlet temperature at increased exhaust flow rate as 

shown in Figure 6.2, leading to a reduction in the delta T (inlet and outlet temperature 

difference) of the exhaust and consequently reduced heat transfer rate. 

 

Figure 6.6 Effect of cathode exhaust flow rate variation on heat transfer rate. 

 

The effectiveness of the DPHX was determined using Eq. 6.2 

ℇ =  
ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟𝑒𝑑 𝑡𝑜 𝑜𝑖𝑙 

𝑚𝑎𝑥𝑖𝑚𝑢𝑚 ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟𝑟𝑎𝑏𝑙𝑒 (𝑞𝑚𝑎𝑥)
                                                              Eq. 6.3 

 

Table 6.2 shows a summary of the experimental results based on the foregoing analysis 
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Table 6.2 Experimental results of internally finned double pipe heat exchanger 

Parameter Value 

Oil mass flow rate (kg/s) 0.016 

Oil inlet temperature (K) 423 

Oil outlet temperature (K) 473 

Cathode exhaust flow rate (kg/s) 0.03019 

Exhaust inlet temperature (K) 873 

Exhaust outlet temperature (K) 818 

Effectiveness (%) 12.22 

Overall heat transfer (W/m2-K) 60.15 

Oil Heat gain (kW) 1.84 

Temperature gained by oil (K) 50 

 

 

6.2 Integration of the hot thermal oil with desorber and rectifier of the 

VARS 

This section gives an experimental analysis of the performance of the desorber (plate heat 

exchanger) when the hot thermal oil and the strong ammonia-water solution flow through. It is 

worth noting that only the mass flow rates of the thermal oil and the strong ammonia-water 

solution can be controlled. These mass flow rates changes affect the inlet and outlet 

temperatures of the oil and the solution at the desorber. Before the strong solution enters the 
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desorber, it first passes through the rectifier where it gains heat from the ammonia vapour that 

flows into the condenser, causing partial condensation and increased temperature of the 

solution. In this manner, the rectifier works both as a vapour separator and solution heat 

exchanger. Figure 6.7 shows the piping and instrumentation diagram of the system while Figs. 

6.8 and 6.9 are the rectifier and desorber temperatures profile respectively. Figure 6.8 shows 

that the strong solution leaving the solution tank was at a temperature of about 17 0C when it 

entered the rectifier and gradually increased to 116 oC at the outlet of the rectifier before 

entering the desorber. In this manner, the amount of heat to be added at the desorber by the 

thermal oil for desorption of ammonia to take place was drastically reduced. 

 

Figure 6.7 Schematic integration of thermal oil circuit, desorber and rectifier. 
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                    Figure 6.8 Strong solution temperature profile in rectifier. 

 

 

                     Figure 6.9 Temperature profile in desorber. 
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Figure 6.9 shows the temperature profile of the thermal oil at the exit of the desorber and the 

inlet and outlet temperatures of the strong ammonia-water solution. It can be seen that the 

thermal oil temperature exits the desorber at steady state of about 150 0C at oil and strong 

solution flow rates of 16 g/s and 2 g/s, respectively. When the strong solution flow rate was 

increased from 2 g/s to 4 g/s with the thermal oil kept constant at 16 g/s, the temperatures were 

seen to be reducing. This was due to the fact that the strong solution residence time in the 

desorber was reduced due to increased flow rate, thereby reducing the heat exchange between 

the thermal oil and the solution. This will mean that less or not enough ammonia desorption 

will take place which invariably will result in less cooling at the evaporator. 

 

 

Figure 6.10 Heat transfer rate in the plate heat exchanger desorber. 

 

Figure 6.10 shows the heat transfer rate in the desorber. There was a maximum value of 0.5 

kW at an oil flow rate of 2 g/s which reduced to 0.3 kW until the oil flow rate was increased to 
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4 g/s.  The low heat transfer rate was due to a low solution mass flow rate and low temperature 

gained from the thermal oil which was ∆ = 19 oC in one pass at the desorber. At an oil flow 

rate of 4 g/s, the heat transfer rate seems to increase a little even if the inlet and outlet 

temperatures of the ammonia-water strong solution reduced as seen in Fig. 6.9. This is because 

the heat transfer rate is a product of the mass flow rate, specific heat capacity and the 

temperature difference between the inlet and outlet of the desorber. The influence of the mass 

flow rate at this stage was higher than that of the temperature difference hence the increase in 

heat transfer rate. But it is worthy to note that this does not lead to increased desorption of the 

ammonia vapour from the solution as temperature is reduced hence, less vaporization resulted 

in less cooling at the evaporator. This means that a delicate balance needs to be struck between 

flow rates, (absolute) temperature levels and required cooling power. 

6.3  Integration of condenser and evaporator of the VARS 

After successfully integrating the desorber and rectifier with the thermal oil circuit and 

experimental analysis carried out, the condenser and evaporator were integrated to the rest of 

the VARS system.  Figure 6.11 shows the piping and instrumentation diagram of the complete 

VARS after integrating the condenser and evaporator. There are two zones (high and low 

pressure) on the system. The high pressure zone consists of the desorber, rectifier, and 

condenser, while the low pressure zone is made up of the absorber and evaporator. The 

expansion valves, one each at the condenser and rectifier outlets are used to reduce the high 

pressure fluid to low pressure as it circulates through the circuit. 
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Figure 6.11 Complete VARS with integrated condenser and evaporator. 

 

The pure ammonia vapour leaving the rectifier flowed into an air cooled condenser where it 

rejected heat to the surroundings thereby liquefying. The liquid ammonia flowed through an 

expansion valve where it further lost heat and pressure was reduced before entering the 

evaporator. The liquid ammonia absorbed heat from the refrigerated space via the evaporator 

and turned into vapour, causing the cooling effect. It then flowed back into the ammonia-water 

solution tank where it combined with the condensate from the rectifier to form the strong 

solution. This was then pumped back into the desorber for repeat of the cycle. 
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Figure 6.12 Refrigerant temperature profile in condenser. 

 

With the fuel cell cathode exhaust, thermal oil, and strong ammonia-water solution flow rates 

at 30.19 g/s, 16 g/s and 2 g/s respectively, the temperature profile in the condenser was as 

shown in Fig. 6. 12. It can be seen that heat removal by the cooling fan on the condenser was 

effective. This is because the high inlet temperature of the ammonia vapour at the condenser 

was reduced to a reasonable value but not above 40 0C before it flowed through the expansion 

valve and into the evaporator. It can be seen that the inlet temperature increased until a point 

where it exhibited sharp reduction before increasing back to higher temperature. The sudden 

drop in temperature could be due to the cold solution flowing downward in the rectifier 

absorbing more heat in few seconds than earlier.  The higher temperature did not last long but 

rather reduced when the strong solution flow rate was increased to 4 g/s. 
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Figure 6.13 Temperature profile in desorber and evaporator. 

 

Figure 6.13 shows the combined temperature profile in the desorber and evaporator with 

respect to the strong ammonia-water solution flow rate. It can be seen that, with the desorber 

inlet and outlet temperatures rising, the evaporator temperature was constant at about 17 0C 

until after 52 minutes it reduced to approximately 4 0C with the oil flow rate at 2 g/s. It was 

observed that the cooling started when the desorber exit temperature reached 120 0C and the 

lower pressure side was 3.5 bar. This reduced evaporator temperature was maintained until the 

solution flow rate was increased to 4 g/s when the evaporator temperature starts to increase. 

This is because at increased solution flow rate there is reduced residence time of the solution 

in the desorber leading to reduced heat exchange between the hot oil and the solution causing 

a reduction in the solution inlet and outlet temperatures as seen in Fig. 6. 13. This results in 
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less ammonia desorption from the solution due to a lack of heat, thereby causing reduced 

cooling at the evaporator.  

6.4  Conclusions 

The focus on this chapter was on the analysis of the experimental results to identify the cooling 

temperature achieved and the performance of the complete system. It started with the 

component test analysis, moving to the complete system performance tests. The following 

findings were made based on the experiment carried out: 

i. Firstly, the coupling heat exchange was attached to the simulated fuel cell exhaust with 

a coupling heat transfer fluid to investigate the amount of heat that could be recovered. 

Results showed that a total of 1.84 kW of heat was recovered which represents a 

coupling heat exchanger effectiveness of 0.1222. This heat transfer rate was achieved 

at an exhaust and thermal oil flow rates of 30.19 g/s and 16 g/s, respectively. An 

increase in the exhaust and thermal oil flow rate led to a decrease in the heat transfer 

rate and vice-versa. 

ii. The use of the rectifier as the solution heat exchanger and at the same time vapour 

separator improved the system compactness. Results show that the solution gained 

temperature of about 100 0C as it flowed through the rectifier before entering the 

desorber. This also led to the earlier explanation of the reduced heat transfer between 

the thermal oil and the solution in the desorber as it required only a little heat for 

ammonia desorption to take place. 

iii. The experimental results also showed that a cooling effect was achieved after 52 

minutes at the evaporator with temperature down to 4 0C. This result was at an oil and 
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solution flow rate of 16 g/s and 2 g/s. It was also observed that the cooling effect started 

at desorber temperature of 1200C.  
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7 Chapter 7 

MODEL VALIDATION WITH EXPERIMENTAL RESULTS 

Having established the experimental setup, the final key section in this thesis will be the 

investigation into matching the modelling work from Chapters 4 and 5 with the experimental 

data in order to determine the accuracy of prediction of the output and performance of the 

various components of the VARS system. It is on this basis this chapter will bring together the 

modelling and experimental work done thus far. 

7.1  Validation of the coupling heat exchanger  

A detailed numerical modelling analysis of the internally finned coupling double heat 

exchanger was presented in Chapter 4, and the experimental results analysed in Chapter 6 were 

used to validate the model here. It was shown in Chapter 4 that there was a minimum thermal 

oil inlet temperature at every exhaust flow rate when the thermal oil flow rate and outlet 

temperature and exhaust inlet temperature were fixed. The effect of varying the exhaust and 

thermal oil flow rates were also analysed. Table 7.1 gives the heat exchanger performance from 

the model and experiment, while Figure 7.1 shows the comparison between the model output 

and experiment at varying cathode exhaust flow rates. The exhaust outlet temperature was fixed 

at 873 K, the thermal oil inlet and outlet temperatures, and mass flow rate were fixed at 423 K, 

473 K, and 0.016 kg/s respectively. The exhaust flow rate was varied between 0.0057 and 0.06 

kg/s based on these conditions. 
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Table 7.1 Comparison of the model and experimental values 

Parameter Model Experiment Difference 

Oil flow rate (kg/s) 0.02 0.016 0.004 (20%) 

Oil inlet temperature (K) 423 423 - 

Oil outlet temperature (K) 473 473 - 

Exhaust flow rate (kg/s) 0.038 0.03019 0.00781 (20.6%) 

Exhaust inlet temperature (K) 873 873 - 

Exhaust outlet temperature (K) 818.4 818 0.4 (0.049%) 

Effectiveness (%) 12.14 12.22 0.02 (0.18%) 

Overall heat transfer (W/m2-K) 75.15 60.15 15 (19.96%) 

Oil Heat gain (kW) 2.3 1.84 0.46 (20%) 

Temperature gained by oil (K) 50 50 - 
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Figure 7.1Double pipe heat exchanger model and experimental results comparison
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It can be seen in Figure 7.1 that, the model results offered close match to the experimental 

results and lies at the red circled area. There was some difference between the model and 

experiment in the exchanger effectiveness, exhaust outlet temperature, thermal oil heat gained, 

and overall heat transfer coefficient. This was due to a difference between the assumptions in 

the model and the actual experimental data for the thermal oil and cathode exhaust mass flow 

rates as shown in Table 7.1. In the model, the oil and exhaust flow rates were assumed to be 

0.02 kg/s and 0.038 kg/s, while it was 0.016 kg/s and 0.03019 kg/s respectively from the 

experiment. It was also observed that, when the experimental values (thermal oil and exhaust 

flow rates) were used in the model to determine whether it predicted the experimental results 

when fed with the correct settings, which it did. The low heat exchanger effectiveness was due 

to the high exhaust mass flow rate of 0.03019 kg/s which represents a volume flow rate of 

24.65 L/s. From this, it can be said that the presented model depicts and predicts the 

performance of the heat exchanger with sufficient accuracy.  

It can also be observed from Figure 7.1 that, if a cathode exhaust flow rate of 0.0057 kg/s 

(4.653 L/s) were used, the heat gained by the thermal oil, overall heat transfer coefficient, and 

heat exchanger effectiveness would be 1.84 kW, 98.96 W/m2-K, and 64.74 %, respectively. 

This implies that the same amount of heat would be recovered at a lower exhaust flow rate with 

higher heat exchanger effectiveness. Therefore, there will be 81.1 and 39.22 % improvement 

in the exchanger effectiveness and overall heat transfer coefficient respectively. More so, at an 

exhaust flow rate of 0.00453 kg/s (3.698 L/s) at the same experimental conditions gave 81.46% 

and 148.4 W/m2-K respectively for the effectiveness and overall heat transfer. This shows 

effectiveness and overall heat transfer improvement of 85 and 59.5 % respectively and still 

recovered the same 1.84 kW of heat.  However, the lower exhaust flow rates were not used on 
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the test rig due to limitations in operating conditions of the electric heater employed for the 

experiment as explained in section 6.1.1.  

It was shown in Chapter 5 that, at COP of 0.7 the heat required at the desorber of a single effect 

VARS to achieve a 1 kW cooling load at refrigeration temperature of -20 0C was 1.43 kW. 

Therefore, the heat recovered from the heat exchanger in the experimental setup was definitely 

sufficient to meet the 1 kW cooling load demand of a small refrigerated truck. The experimental 

cathode exhaust flow rate of 0.03019 kg/s (24.65 L/s) represents a 5 kWe SOFC stack exhaust 

flow rate, while 0.00453 kg/s (3.698 L/s), and 0.0057 kg/s (4.653 L/s) both represent a 1 kW 

SOFC stack. Therefore, a 5 kWe SOFC when employed on a small refrigerated truck at exhaust 

flow rate of 24.65 L/s will meet a 1 kW cooling/refrigeration load with the coupling heat 

exchanger recovering 1.84 kW heat. Hence, from the aforementioned analysis, it would rather 

be ideal to use 1 kW SOFC on board the small refrigerated truck which will still deliver same 

amount of heat to meet the same refrigeration load at reduced exhaust flow rate. A 5 kW SOFC 

on small truck will lead to oversized system, increased volume footprint, and increased capital 

due to higher cost. 

7.2 Validation of the vapour absorption refrigeration system model 

This section is dedicated to the validation of the vapour absorption refrigeration system with 

the experimental results as presented in Chapter 6. In both the model and experiment, the inlet 

and outlet temperatures were used to validate each component in the model. The experimental 

values as presented in Table 7.3 are averages across the range of temperatures within which 

the cooling effect took place at the evaporator, as shown in Figure 7.2. The evaporator inlet 



Chapter 7 

 
 

7-6 
 

temperature could not be determined from the experiment as there was no temperature sensor 

installed on the test rig on the low pressure outlet of the expansion valve.  

Table 7.2 Comparison of the VARS model and experimental results 

Model values 

Parameter Absorber Generator Rectifier Condenser Evaporator 

Inlet temperature (K) 311.24 408.2 410.9 348.95 239.62 

Outlet temperature (K) 313 410.9 348.95 313 277 

Experimental values 

Inlet temperature (K) 310 384 402.5 347 239.63 

Outlet temperature (K) 293 402.5 347 307 277 

Validation 

Inlet temperature (K) 300.48 387.1 396.6 348.95 239.63 

Outlet temperature (K) 293 386.6 348.95 307 277 
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Figure 7.2 Graphical comparison of VARS model and experimental results 
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the model and validated result. Validation or validated value/result here means when the 

experimental values are used as input values in the model to find out if the model predicts 

0

50

100

150

200

250

300

350

400

450

Absorber Desorber Rectifier Condenser Evaporator

Te
m

p
er

at
u

re
 (K

)

components' inlet temperatures

experiment model validation

0

50

100

150

200

250

300

350

400

450

Absorber Desorber Rectifier Condenser Evaporator

Te
m

p
er

at
u

re
 (

K
)

components' outlet temperatures

experiment model validation



Chapter 7 

 
 

7-2 
 

accurately the experimental values. The model outlet temperature differed with that of the 

experiment and validated result with 6.8 %. At the desorber, the difference in the inlet 

temperature between the model and experimental value was 6.3 %, while it was 5.5 % between 

the model and validated value. The outlet temperature difference at the desorber between the 

model and experiment was 2.1 %, and it was 6.3 % difference between the model and validated 

value. There was 2.1% inlet temperature difference between the model and experiment at the 

rectifier, and 3.6 % between the model and validated value. On the other hand, the rectifier’s 

outlet temperature was 0.6 % difference between the model and experimental value but there 

was no difference between the model and validated value. 

There was no observed difference in the condenser inlet temperature between the model and 

validated result, while a 0.56 % was observed between the model and experimental value. A  

2% outlet temperature difference was observed between the model and experiment, and 

likewise between the model and validated result. The outlet temperature was the same for the 

model, experiment, and validated value but a 0.005 % inlet temperature difference was 

observed both between the model and experiment, and model and validated result. 

From the ongoing, it can be seen that the percentage difference was between 0.005 and 6.8 % 

with the maximum at the absorber outlet temperature which can be considered as an acceptable 

range.  
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Figure 7.3 VARS heat exchangers heat transfer comparison 
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the model and validated results in terms of percentage were 17.2, 10.6, 62.9, 12.1, and 11.3 % 

respectively for the absorber, desorber, rectifier, condenser, evaporator respectively. These 

errors were due to the difference in the experiment and model value majorly at the absorber 

exit temperature (20 and 40oC respectively). This is because a reduction in the absorber exit 

temperature increases ammonia solubility leading to higher strong ammonia-water solution 

concentration. The increased concentration means that more ammonia will be evaporated at the 

desorber leading to increased ammonia vapour mass flow rate at rectifier inlet and rectifier 

outlet to condenser as seen in Figure 7.4, while a reduction in the condensate (weak solution) 

mass flow rate leaving the rectifier is observed. These mass flow rates combination lead to a 

reduction in the rectifier heat rejected as seen in Eq. 7.1. 

𝑄̇𝑟𝑒𝑐 =  
𝑚̇7ℎ7

𝑚̇8ℎ8+𝑚̇9ℎ9
                                                                                                        Eq. 7.1 

Where the numbers 7, 8, and 9 are state points representing rectifier inlet, weak solution, and 

rectifier outlet to condenser respectively (explained earlier in Chapter 5). As seen in Figure 7.4 

rate of increase of mass flow rate at point 9 is higher than that at state point 7 resulting in the 

denominator in Eq. 7.1 increasing higher that the numerator. This phenomenon will lead to a 

reduction in the rectifier heat transfer as seen in Figure 7.4 in the area covered by the red dotted 

triangle representing absorber exit temperature at 20 and 40oC respectively. This explains the 

62.9% difference between the model and experiment observed in Figure 7.3. 
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Figure 7.4 Effect of absorber exit temperature on rectifier heat transfer 

 

 

Figure 7.5 COP comparison between model, experiment, and validated results 
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The overall and thermal coefficients of performance (COP) of the VARS for the model, 

experiment, and validated results are shown in Figure 7.5. It was observed that the experimental 

and validated results were the same while there was a 19.7 and 19.8% difference respectively 

for overall and thermal COP between the model and experiment and validated results.  This 

difference is due to the absorber exit temperature been 20oC for the experiment as against 40oC 

for the model.  Ammonia solubility increases with reduced absorber exit temperature as 

explained in the previous paragraph thereby increasing the concentration of the solution in the 

absorber.  

The increased ammonia concentration means that there is more ammonia to be desorbed at the 

desorber thereby increasing the refrigerant mass flow rate at the evaporator, hence the higher 

COP as illustrated in Figure 5.3a in Chapter 5. It is important to point out here that the lower 

absorber exit temperature was due to the fact the weak ammonia-water solution (condensate) 

returning to the absorber from the rectifier was water cooled as against the air cooled one in 

the model. This was due to the fact the air cooled patter was not too effective as the temperature 

in the absorber kept increasing above 60oC which would reduce the ammonia concentration. 

Therefore, water cooled system was later employed which was more effective and resulted in 

a reduced absorber exit temperature 

7.3  Conclusion  

The modelling work carried out in Chapters 4 and 5 was validated in Chapter 7 with the 

experimental results obtained in Chapter 6. Based on the component level modelling of the 

coupling double heat exchanger, and system level modelling of the VARS, a close match was 

found between the values of the models and those of the experiments. The differences could 
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be improved if the flow regime in the test bench heat exchangers were changed from co-flow 

to counter flow and lower evaporator temperatures could be achieved at higher solution flow 

rates. 

At this point it needs to be mentioned that the modification to counter-flow configuration had 

been prepared on the test bench. Unfortunately, it did not initially work to expectation because 

the solution pump developed issues and did not deliver the required higher flow. This could 

not be resolved anymore due to the university shutting down as a result of COVID-19 related 

decisions. Seeing the promising results from modelling and experiments, it could be reasonably 

expected that the modified test rig would have met the expectations. 
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8 Chapter 8 

CONCLUSION AND SCOPE FOR FUTURE WORK 

A practical investigation into the integration of a solid oxide fuel cell (SOFC) cathode exhaust 

and vapour absorption refrigeration system for refrigerated truck application was carried out in 

this thesis. It was based on various modelling work carried out in Chapters 4 and 5 of this thesis 

coupled with that reported in [149]. The use of SOFC exhaust heat to drive a thermally powered 

VARS for refrigerated trucks will reduce the electrical load placed on the main vehicle engine 

as is the case for most conventional systems. Besides, the electricity generated by the fuel cell 

can be used to power auxiliary loads on the vehicle. 

Based on the experimental results in the previous chapters, it is evident that the practical 

integration of the SOFC and VARS was feasible and successful. The SOFC cathode exhaust 

temperature was 600 0C and above while that required at the desorber of the VARS was about 

200 0C. Hence, an internally finned double pipe heat exchanger (DPHX) with a coupling fluid 

was employed to couple these two units of different temperatures. The experimental results 

and validation analysis presented in Chapters 6 and 7 showed that the simulated SOFC cathode 

exhaust mimics a real 5 kWe stack size. The coupling DPHX was able to recover 1.84 kW of 

the thermal energy. It was also shown from the modelling work in Chapters 4 and 5 that the 

1.84 kW thermal energy when delivered at the desorber of the VARS was able to cater to a 

cooling load of 1 kW. This amount of cooling load was sufficient for a small refrigerated van. 

It was also shown that the same amount of heat would be recovered to meet the same cooling 

load employing a 1 kWe SOFC. The model precision was in good agreement with the 

experimental results. 
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Furthermore, an evaporator temperature of 4oC was achieved when the recovered fuel cell 

exhaust heat was integrated with the VARS. The novelty in this study is the successful 

integration of the simulated SOFC exhaust with the VARS experimentally in a laboratory 

setting. 

8.1 Outcome of the experimental work   

This section gives an overview of the findings based on the experimental work carried out in 

the previous chapters. 

i. The experimental results mimics an SOFC stack size of 5 kWe with the test rig able to 

simulate up to 10 kWe stack. 

ii. The amount of thermal energy recovered by the DPHX was 1.84 kW at exhaust gas and 

thermal oil flow rates of 24.65 L/s and 16 g/s, respectively. The overall heat transfer 

coefficient and effectiveness of the DPHX were 60.15 W/m2-K and 12.22% 

respectively. The inlet and outlet temperatures of the cathode exhaust and thermal oil 

at the DPHX were 873 and 818 oK, for the exhaust and 473 and 423 oK, for the thermal 

oil, respectively. It was also shown that the DPHX can be improved by about 81% if 

the exhaust flow rate is reduced to 4.653 L/s. 

iii. The strong solution mass flow rate was 2 g/s at which an evaporator temperature of 4oC 

was achieved at the vapour absorption refrigeration system. 

iv. An evaporator temperature of 4oC was achieved at the VARS with a COP of about 0.52 

v. It was also discovered that only 0.5 kW of the recovered 1.84 kW heat was transferred 

to the VARS while losing the rest within the desorber. 
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8.2  Scope for future work 

The work carried out here, if implemented on a real refrigerated truck with the SOFC stack and 

VARS, will be an interesting project and a world-first. This is because all the components of 

the VARS and accompanying accessories are available as they were used for the laboratory 

test. The following are aspects of future work to be carried out to add credence to the laboratory 

work reported here, and to the scarce practical work available in the public domain. To this 

date, fuel cells have only been used as an auxiliary power unit (APU) on-board refrigerated 

trucks. Tasks to be accomplished include 

i. Integrate all components of the VARS into a system and acquire a 1 kW SOFC to 

integrate both systems on a truck. Use a 12 kg cylinder as hydrogen storage on 

board for the truck. 

ii. Start the complete system as laid down in the previous chapters on-board the truck 

to achieve cooling. Depending on the amount of cooling archived fill the 

refrigerated cabin with some fresh foods that require chilled temperatures. Drive 

round campus to give free fruits and ice cream and study the performance of the 

system. 

iii. Make some adjustment and modifications if necessary, and partner a 

refrigeration/logistics company to trial the demonstrator. Record data and study the 

performance of the system. 

iv. Carry out an economic and technical analysis of the complete system and compare 

with other sources of refrigeration transportation system. 
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